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Abstract

This study presents the thermal performance modelling of conventional and microchannel
delugeable tube bundle which incorporated into a second stage of the induced Hybrid
(Dry/Wet)) Dephlegmator (HDWD). Hybrid dry/wet dephlegmator was proposed to
replace a Conventional Dephlegmator (CD) of a direct Air-Cooled Condenser (ACC)
system, coupled to 30 MW steam turbine of a generating unit. The Conventional
Delugeable Tube Bundle (CDTB) thermal performance was modelled and configured
using one- and two - dimensional models by employing heat and mass transfer approach.
The geometric parameters for both first and second stages tube bundles of HDWD were
derived from that of CD of ACC system of the considered generation unit. Therefore, the
thermal performance of CDTB was optimised to ensure highest performance, and
appropriate geometric parameters that are corresponding to that of CD and available space
for installation. The best CDTB configuration’s performance was compared to similar
existing Delugeable Round Tube Bundle (DRTB) in literatures. When the tube pitch
varied from 25 mm to 38 mm, the DRTB’s heat transfer rate and air-side pressure drop
were found to be in the range of 1.4 to 2 times and 1.3 to 2.2 times that of CDTB,
respectively. The Microchannel Delugeable Tube Bundle (MDTB) thermal performance
was analysed using semi-empirical model, which comprises of microchannel heat transfer
and flow correlations. The size and geometric parameters of MDTB was equivalent to that
of CDTB, and the only difference was that, the MDTB has microchannel/ ports on the
steam-side. The MDTB thermal performance was found to increase as the hydraulic
diameter of the channels decreased. The thermal performance comparison of the CDTB
and MDTB at bundle, component and system levels was carried out. At all the levels, the
MDTB performance was higher than that of CDTB. However, this higher performance
came at expense of higher steam-side pressure drop. As the ambient air temperature
increased from 32 °C to 44 °C, the MDTB’s heat transfer rate for 140 um hydraulic
diameter was found to be 9 to 6 % higher than that of CDTB. The air-side pressure drop
variations between the two bundles were insignificant. Furthermore, the thermal

performance of HDWD incorporated with either CDTB or MDTB was compared to that



of CD at component and system levels. At system level, and as the ambient air temperature
increased from 32 °C to 44 °C, the heat transfer rate of the CD was found to be 27 % to 31
% less than that of HDWD incorporated with either CDTB or MDTB. The Air-side
pressure drop for HDWD was found to be about 41 % higher than that of CD.
Additionally, the steam turbine output and net powers were found to be higher when the

ACC was incorporated with HDWD than when CD was incorporated into ACC.
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Chapter 1: Introduction
1.1. Orientation of the study

Despite, rapid growth of the renewable energy resources in power generation industry, the
coal-fired power plants still topping in power generation industry. The coal-fired power
plants produce 40 % of world’s electricity, and South Africa and China generate 94 % and
70 % - 75 %, respectively of their electricity using these plants (Ritchie and Roser, 2020).
As indicated in Figure 1.1, the coal-fired power plants operate based on the Rankine Cycle.
The heat produced by heat sources (burning fuel) in the boiler is used to generate high-
pressure steam at constant rate. This steam, is then expanded in the steam turbine where
some of heat energy are extracted by the turbine to produce power. The low-pressure
steam leaves the turbine exhaust to a cooling system where the remaining heat energy is

rejected to the cooling medium, in order to complete the cycle.

Steam turbine

Boiler/HRSG —l Generator

Power

|:> output

Heat input
(solar, nuclear, A

fuel combustion) Heat

rejection

Condensate pump

Condensate tank

Figure 1. 1: Schematic diagram of a direct air-cooled power plant, source: (Owen, 2013)

In power generation, direct air-cooling system (air-cooled condenser) is considered as an
economical and promising technique, because of its water-saving advantages, since the
ambient air is used as a cooling medium to condense the exhaust steam (Zhang et al.,

2021). Furthermore, due to water usage restrictions and water shortage in arid regions, as
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well as the limitation of water-cooled condensers usage (Walsh et al., 2011), the Air-
Cooled Condensers (ACC) applications became extensive. The application of air-cooling
systems eliminates more than 90% of a plant’s water requirements (Donovan et al, 2012).
However, ACCs performance is sensitive to meteorological and ambient air conditions.
In addition to that, air has poor heat transfer characteristics and thermodynamic properties.
This leads to higher backpressure for generating unit with direct air-cooling system
compared to generating unit with water-cooling system (Zhang et al., 2019). Furthermore,
ACCs’ sensitivity to ambient air conditions, imposed a higher requirement on the control
system to attain steady and economic operation of direct air-cooling condenser (Zhang et

al., 2021).

Gadhamshetty et al. (2006) reported a 10 % reduction in power plant output at high
ambient temperatures for plants with ACC. This is due to the fact that, the coal fired power
plant energy efficiency mainly depends on the performance of its turbine-condenser
system (Lakovi¢ et al., 2010). In a worse scenario, poor ACC performance can have
consequences on emergency shutdowns of the turbine (Owen, 2013). Therefore, during
hot periods, a large amount of air is required to be circulated in order for the ACC to
provide enough cooling. However, the air-side pressure drop should be minimised, in
order to reduce the fan power consumption (Hassani et al., 2005). Additionally, the
dephlegmators units at different power plants have shown that, over the range of operating
conditions, the dephlegmator units poorly transfer heat. This is mainly due to flooding in
the finned tubes (Smit, 2000). Therefore, the demand to increase the ACC performance

and their applications flexibility is high (Plessis and Owen, 2020b).



In the attempt to improve the ACC performance, the Hybrid (Dry/Wet) Dephlegmator
(HDWD) was found to be one of the reasonable and economically viable performance
enhancement measurements of an ACC (Heyns and Kréger, 2012). The HDWD can
improve the performance and availability of the ACC during the high ambient
temperature, as well as level the power generation rate by lowering fluctuations caused by
the ambient conditions, and minimise the water usage. The HDWD is proposed to replace
a dry Convectional Dephlegmator (CD) in each “street” of an ACC. The HDWD has two
stages connected in series and combined in one condenser unit. The first stage has inclined
finned tubes and second stage with a bundle of horizontal bare tubes. The second stage
operates in the dry mode, during cold or off-peak periods, and in the wet mode during hot

and peak periods.

During the wet operating mode, the most commonly used and economically viable
evaporative cooling systems, which can be employed in thermal performance
enhancement of ACCs, are deluge and adiabatic cooling systems. During deluge cooling
systems, the recirculating deluge water are sprayed over the heat exchangers surface area.
Some of the deluge water evaporates in the air stream. This enables both sensible and
latent heat transfer from the heat exchanger’s surface. While, during adiabatic cooling
systems the fine water droplets are sprayed into the inlet ambient air before it enters the
heat exchanger. The evaporation of water results in cooling of the inlet air closer to its
wet-bulb temperature. Due to the fact that, in the deluge cooling systems evaporation takes
place directly on the tubes surface rather than in the air, the deluge cooling systems was

found to have high performance than precooling systems (Charles and David, 2002).



Therefore, the deluge cooling system was considered in this study, for the evaluation of

HDWD’s second stage tube bundle, when operating in the wet mode.

The HDWD thermal performance is mainly dependent on its second stage tube bundle
performance. Therefore, the best tube configuration, as well as the tube’s geometric
parameters, shape and structure of the second stage should be properly selected and sized.
In this study, two bundles comprise of conventional and microchannel bare flat tubes as
shown in Figure 1.2 (a, b) were considered, and were incorporated into the second stage
of an induced HDWD. Hence, the HDWD’s thermal performance was carried out through
the performance modelling, optimization, and comparison of Convectional and
Microchannel Delugeable Tube Bundles (CDTB and MDTB). Since, the HDWD was
proposed to replace the dry CD of an ACC system coupled to a 30 MW steam turbine of

a local generating unit, its performance was compared to that of CD.

I..-i'l .-/-} I I I I I I I I-\- .\-\\.I
. ] |: ‘ ' |
\x - ___,-";I h\,__ __.,-f’)l

a) Conventional tube b) Microchannel tube
Figure 1. 2: The conventional and microchannel tubes

1.2. Dephlegmator Role in ACC

The ACC of the power plant consists of several “streets”, which are made up of primary
condenser and dephlegmator units, and which are connected in series, as shown in Figure
1.3. For easier condensate drainage, the units are installed in A or V-frame arrangement.

The initial condensation of the steam occurs in the primary condenser units, whereby the



axial fans force the ambient air through the finned tube bundles. The uncondensed steam

from primary condenser units is further condensed in the dephlegmator units.

Steam duct
(dividing header)

Dephlegmator

To ejector

Condensate drain
(collecting header)

s Fans
Figure 1. 3: Direct ACSC Street, source: (Owen, 2013)
The condensate is collected in the collecting header to the condensate sump, before it

pumped to the boiler drum. The steam flow in the ACC “street” with five primary

condenser units and one dephlegmator unit is depicted in Figure 1.4.

Steam from the Non-condensable

I turbine F} gases injection
| | | | $
ACC
ACC ACC Dephlegmator ACC ACC ACC

J ’ J I I

Condensate to
the Pump

Figure 1. 4: Steam flow in the ACC “street” incorporated with CD
The ACC operates below atmospheric pressure. Therefore, the non-condensable gases

leak into the system, and can form dead zone, which results in reduction of tube’s heat
transfer surface area, and worsens the ACC performance during high ambient air

temperatures. Therefore, to avoid this from happening, dephlegmator is essential to eject



the non-condensable gases, draw and condensed more steam in order to steady and
accelerate the steam flow in the primary condenser units. Thus, performance improvement
of the dephlegmator is meaningful, since it will directly lead to the ACC performance

enhancement, and sequential of the generating unit.

1.3. The Concept of HDWD
The HDWD can be forced or induced draft as shown in Figure 1.5. The HDWD has two

stages connected in series and combined in one condenser unit. To accommodate the
second stage tube bundle, the first stage inclined finned tubes are shorter compared to that
of CD tubes. The recirculated deluge water sprayed on the surface of the second stage tube
bundle, during the wet operating mode is collected in troughs under the tube bundle. The
drift eliminator above the tube bundle, traps the water droplets blown up by the air. The
tubes of second stage bundle are bare, in order to avoid corrosion and fouling risk during

the wet operating mode.

Steam, condensate and non-condensable
gases flow direction

Drift eliminator Sproy nozzes Fan

- TTT

Bare fube bundle
Collecting (2" stage)

troughs

1. Drift eliminator

Non-condensable gases

| L—Spray nozzles
\ and condensate remowval

Condensate
flow direction | —Bare fube bundle
(2" stage)

Steam and Finned tube bunde

non-condensable (14! stage) |-—Non-condensable gases
gases flow direction Steam duct and condensate remaowval
(from primary
Condensate condensars| [ T~~Collecfing froughs
removal A—fromesuppod/ ‘ ‘ ‘ o
\Inlef air flow /
a) Forced draft b) Induced draft

Figure 1. 5: Schematic diagram of the HDWD
The risk of flooding has been reported in the forced HDWD, and therefore its application

is limited (Owen, 2013). However, these limitations have been addressed by changing the
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configuration of the HDWD to induced draft. In the induced draft HDWD the risk of
flooding is minimised by co-current flow of condensate and vapour. The steam flow in

the ACC ”’street” with five primary condenser units and one the HDWD is shown in Figure

1.6.
Steam from the
turbine HDWD—. Non-condensable
' AN [(’ gases injection
| | ~——f | | |

ACC ACC

First stage Second stag ACC ACC ‘ ACC
! i I I

! v .j ¥
Condensate to

the Pump
Figure 1. 6: Steam flow in the ACC “street”, incorporated with the HDWD

1.4. Microchannel Fluid Flow and Heat Transfer
The Microchannel Heat Exchanger’s (MHX) development and applications have

advanced rapidly in recent years. As the technology is improving, the conventional macro-
scale heat exchangers sizes are turned into micro-scale heat exchangers. Experimental
results showed that the capacity of conventional macro-scale heat exchangers can be

increased by 4% by using MHXs (Zhou et al., 2017).

In addition to that, the MHXs (condensers and evaporators) have been found to yield
promising performance (Al-Zaidi et al., 2018). The MHXs consist of microchannel tube
bundles which can be finned or unfinned, and can operate under both wet and dry
conditions (Xu et al., 2015). Therefore, in MHXs the heat is transferred through multiple
tubes which contain small channels with the widths in the range of 10 to 1000 pum (Cheng
and Xia, 2017). MHXs have the same working principles as Conventional Heat

Exchangers (CHXs), however, the heat transfer processes and fluid flow in macroscale



thermal systems, are described using convectional theories which were established based
on the study of heat transfer processes and fluid flow macroscopic view. These
convectional theories do not take into account most of the micro phenomena that were
reported to have impacts on the microchannel heat transfer. Therefore, the study and
analysis of the microscale thermal systems are totally different from that of macroscale

thermal systems (Lui et al., 2009).

The performance of the MHXSs is highly dependent on the geometrical dimensions and
choice of working fluid (Ghajar and Darabi, 2014). For the same heat transfer rate and
pressure drops, MHX is about one-fifth the size of CHX (Lydia, 2008). The basic factor
that drives the applications of MHXs lies in the Nusselt number (Nu = hDy,/k), where h
is the convective heat transfer coefficient, D, is the hydraulic diameter of the
microchannels, and k is the thermal conductivity of the fluid. Since, the Nusselt number
is a function of the convective heat transfer coefficient and channel/duct diameter, it is
expected that in order to maintain the Nusselt number value constant, as the channel size
decreases, the convective heat transfer coefficient value should increase extremely,

leading to the increase of heat transfer.

The heat transfer in microchannel can be either two-phase flow boiling or single-phase
heat transfer. The two-phase flow boiling heat transfer in microchannel is one of the most
effective resolutions for cooling devices, as well as for other thermal systems (Lui et al.,
2009); (Kim and Mudawar, 2012); (Fayyadh, et al., 2015). However, it was reported that
the two-phase flow boiling phenomena in microscale channels is not yet well outlined.

Furthermore, two-phase flow boiling is not a consistent technique due to back flow and
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instabilities in the flow (Cheng and Xia, 2017). Moreover, most of the accessible two-
phase flow boiling heat transfer phenomena researches in microscale channels are
showing inconsistent and conflicting results regardless thousands of theory and
experimental studies that have been carried out in last decades (Cheng and Xia, 2017).

Therefore, in this study, the single-phase heat transfer in microchannel was considered.

1.5. Statement of the Problem

Due to the scarcity of water in arid regions, and high energy demand, the ACCs became
more popular, and the main means of rejecting heat into atmosphere in steam turbine
power plants. However, the ACCs experience performance reduction, during hot periods,
which affects the overall performance of the steam turbine power plants, and imposed a
higher requirement on the control system to attain a steady and economic operation of
direct ACC. Since, the energy demand is ever increasing, in order to meet the power
demand during the high ambient temperature; the power plants should operate more often
than during cold period. This leads to an increase of the labour and operating costs of the

plants, burning of fossil fuels and emission of greenhouse gasses.

The replacement of CD with HDWD was found to be an appropriate performance
enhancement technique which is cost effective and uses less water during the wet
operating mode. However, the HDWD second stage delugeable tube bundle configuration
that yields the best thermal performance should be configured. In addition to that, the
MHXs or microchannel tube bundles were reported to have higher thermal performance
compare to CHXs. However, the literatures lack evidence of modelling of MHXs or

microchannel tube bundles, as well as the comparison of the CHXs and MHXs or tube
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bundles operating under deluging conditions, and with steam as a working fluid.
Furthermore, the incorporation of MDTB into the second stage of induced HDWD of ACC

is also poorly presented in the literatures.

1.6. Aim of the Research
1.6.1.Main Objective of the Research

The aim of the study was to develop the models that can be employed for predicting the
thermal performance of an induced draft HDWD and CD for ACC system coupled to a

steam turbine in terms of heat transfer rate and air-side pressure drop.

1.6.2.Specific Objectives of the Research

The objectives were to:

1. Develop a one- and two- dimensional models based on three methods of analysis:
Poppe, Merkel and heat and mass transfer analogy to study the thermal
performance of CDTB.

2. ldentify the best CDTB configuration through optimization and geometric
parameter’s adjustment.

3. Analyse the thermal performance of HDWD incorporated with CDTB.

4. Investigate the CD thermal performance.

5. Compare the thermal performances of CD and HDWD incorporated with CDTB.

6. Evaluate the MDTB thermal performance.

7. Compare the CDTB and MDTB thermal performances.

8. Carry out the statistical analysis on the tube bundles performance data.
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1.7. Hypotheses of the Research

The hypotheses of the study were as follows:

Ho1 - The thermal performance of HDWD at component, and system levels is not

higher than that of CD, with a level of significance of 0.05.

e Ho2 - The thermal performance of MDTB at bundle, component, and system levels is
not higher than that of CDTB, with a level of significance of 0.05.

e Hui - The thermal performance of HDWD at component, and system levels is higher
than that of CD, with a level of significance of 0.05.

e Hiz- The thermal performance of MDTB at bundle, component, and system levels is

higher than that of CDTB, with a level of significance of 0.05.

1.8. Delimitations of the Research

The delimitations of this study were:

1) This research focused on the thermal performance evaluation of induced draft
HDWD, and CD of ACC system coupled to 30 MW steam turbine of the
generating unit. The induced HDWD thermal performance was investigated, since
the forced draft HDWD application is limited due to the possible occurrence of
flooding of primary condenser tubes.

2) The input data used in this study were limited to that of the considered generation
unit.

3) The deluge cooling system was considered over precooling, since it uses less water

and has a higher performance.
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4) The delugeable tube bundles consist of flat bare tubes, since the literatures lack the
evidence of the thermal performance analysis of the flat tubes under deluging

conditions.

1.9. Limitations of the Research

There are several softwares that can be used to model thermal performance of the fluid
flow and heat transfer in the tubes, however in this study MathCAD was used to conduct
the analysis, since it is available. Only the operating data from 30 MW steam turbine local
generating unit, were used in this study, therefore all the findings were based on the

operating data for this generating unit.

1.10. Significance of the Research
Literatures in the subject of HDWD have limited data on the accurate way of modelling

thermal performance of a CDTB that can be incorporated into the HDWD of ACC system.
Moreover, the incorporation of MDTB into the induced HDWD of ACC system, as well
as the modelling of MDTB under deluging conditions, and with steam as a working fluid
is barely indicated in the accessible literatures. Therefore, this study is expected to have

the following contributions to engineering knowledge:

1. The improved modelling of CDTB and MDTB thermal performance under
deluging conditions, and with steam as a working fluid.

2. The incorporation of the MDTB into the induced HDWD of ACC system coupled
to the steam turbine.

3. The single-outed thermal performance analysis of CD of ACC system coupled to
the steam turbine, which is not a case in most available literatures.
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1.11. Thesis organization
CHAPTER 1. Introduction: provides the overview of ACC, HDWD as well as MHXs,

and highlights the main role of dephlegmator. The problem statement, objectives,
hypotheses and significance of the study are also presented in this Chapter.

CHAPTER 2. Literature Review: presents the literature reviews on the thermal
performance analysis of the CHXs and tube bundles operating under wet, air-side and
working fluid-side characteristics of the MHXs, as well as the ACC thermal performance
evaluation. The research gaps are also presented in this Chapter.

CHAPTER 3. Models Development for Conventional Delugeable Tube Bundle
Thermal Performance Analysis: presents the development of a one- and two-
dimensional models, the solution methods employed in the evaluation and validation of
the models.

CHAPTER 4. Design Optimization of Conventional Delugeable Tube Bundle
Thermal Performance: details the design optimization and geometric parameters
adjustment of the CDTB.

CHAPTER 5. Analysis of Conventional Dephlegmator Thermal Performance:
provides the development and validation of a mathematical model of a direct air-cooling
generating unit’s cold-end system coupled to 30 MW steam turbine. The sensitivity of the
ACC performance to the high ambient air temperature, and the fan rotational speed, as
well as the outlining of the CD thermal performance are also presented in this Chapter.
CHAPTER 6. Analysis of Thermal Performance for HDWD incorporated with

Conventional Delugeable Tube Bundle: provides the thermal performance analysis of
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the CDTB, as well as of the HDWD incorporated with CDTB into its second stage. The
Chapter also offers the comparison of thermal performance of the CD and HDWD
incorporated with CDTB.

CHAPTER 7. Analysis of Microchannel Delugeable Tube Bundle Thermal
Performance: presents the performance analysis of the MDTB, as well as of the HDWD
incorporated with MDTB into its second stage. The Chapter also offers the comparison of
thermal performances of the CDTB and MDTB.

CHAPTER 8. Results and discussions: presents the results for the thermal performance
evaluations of CD, HDWD, CDTB and MDTB at all levels, as well as their performance
comparisons. In addition to that, the analyses, scrutinization, and discussions of the results
are also included in this Chapter.

CHAPTER 9. Statistical Analysis of Performance Data: offers the statistical analysis
of the performance data of CDTB and MDTB at all levels, and testing of hypotheses.
CHAPTER 10. Conclusion and Recommendations: provides the conclusions and

recommendations of the study.
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Chapter 2: Literature Review

This chapter provides the summary of the literature reviews on the thermal performance
analysis of both CHXs and MHXs or tube bundles operating under wet conditions. In
addition to that, the literatures on the working fluid-side performance characteristics of
the MHXs, are also included in the Chapter. Furthermore, the literatures on the ACC
thermal performance, in which the CD is incorporated are also outlined in this Chapter.

2.1. Conventional Heat Exchangers/Tube  Bundles
Operating Under Wet Mode

2.1.1.HDWD Thermal Performance Evaluation
Several studies have been carried out in an attempt to identify a configuration of the

HDWD second stage’s tube bundle that provides higher performance.

Heyns (2008) analytically modelled one-dimensional flow delugeable round bare tube
bundle for a forced HDWD second stage, based on simplified Merkel analysis. The model
was validated by experiment results, and a good correlation was found between the

analytical model and experimental results.

Heyns and Kroéger (2012) incorporated Heyns (2008)’s tube bundle in their study in
which the output power of the steam turbine cooled by ACC incorporating the HDWD,
ACC with pre-cooling of inlet air, and over-sized ACC by 33% were compared. Authors
reported that during the hot ambient conditions, all considered ACCs performed the same.
However, the water consumption of the HDWD was around 20% less water than for the

pre-cooling technology, and the cost difference between the HDWD and the convectional
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dephlegmator is small. Therefore, it is reasonable to employ the HDWD as a performance

enhancement measurement of an ACC.

Owen (2013) investigated the steam-side operation of an air-cooled steam condenser
using a combination of Computational Fluid Dynamics (CFD), numerical, analytical and
experimental methods. Furthermore, Owen (2013) compared the HDWD and CD
performance, on a component level (for the whole dephlegmator) and on a system level
(for the whole ACC). On a component level, the performance of HDWD was found to be
two to three times that of the CD when operated in wet mode, while on a system level, the
ACC’s heat transfer rate with five primary condensers and one HDWD was 15 % -30 %

higher than for a similar ACC with CD.

Angula (2015) investigated the performance a delugeable flat bare tube bundle for the
induced draft HDWD. Both one-dimensional analytical and two-dimensional numerical
models were employed in the analysis. The analytical model was based on Merkel, Poppe,
and heat and mass transfer analogy, while the numerical model was based on heat and
mass transfer method of analysis only. However, the modelling was performed under an
assumption that the tube has a flat end not round. The tube bundle was found to deliver

higher performance during wet operating conditions than during dry operating conditions.

Reuter and Anderson (2016) employed Anderson (2014)’s experimental data for
induced draft HDWD performance of dry ACC systems. Based on those experimental
data, Authors derived the correlations of mass transfer, heat transfer and air-side pressure

loss coefficient for the round bare tube bundle under wet and dry operation conditions.
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All correlations were functions of the air mass velocity, the deluge water flow rate and

mean deluge water temperature.

Graaff (2017) investigated the performance of a Hybrid (Dry/Wet) Cooling System
(HDWCS) by using the correlations of Anderson (2014) and Mizushina et al., (1967). At
different air relative humidity and an ambient dry bulb temperature of 32 °C, the HDWCS’
performance was found to be between 35 % and 140 % relative to a conventional cooling

system.

Plessis and Owen (2020a) experimentally measured the partial and full condensation
steam pressure drop inside a circular horizontal tubes of a single-stage HDWD for ACC
system. During the test, the horizontal primary condenser units, with tube length of 2.5 m
and an inside tube diameter of 19.3 mm, and similar to the proposed single-stage HDWD
was used. The steam flow and steam pressure drop were measured, and compared to
existing correlations for pressure drop. A mean error of £15.6% was found between the

experimental results and Lockhart and Martinelli correlation.

Plessis and Owen (2020b) experimentally investigated steady-state air-side pressure drop
of a delugeable bare round tube bundle of 19 mm and 25 mm diameters of a single-stage
HDWD for ACC system. The experiment was carried out for both dry and wet operating
modes. The empirical correlations for both dry and wet operating modes were developed
using experiment results. The absolute average error between the measured and predicted
values for the dry and wet correlations were found to be of 3.2 % and 4.5 %, respectively.

These empirical correlations were used to study the under- and overprediction effects of
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air-side pressure drops on the two small evaporative coolers thermal case study which

correspond to fan power consumptions of 1.1 kW and 5.5 kW.

Plessis (2021) developed and validated a discretised model of a single-stage HDWD to be
incorporated into a model of a hybrid ACC coupled to a 238 MW steam turbine. During
the study the steam-side and air-side pressure drops were experimentally investigated ,
and the findings achieved were reported in Plessis and Owen (2020a) and Plessis and

Owen (2020b), respectively.

2.1.2.Evaporative Heat Exchangers Thermal Performance

The HDWD operates as an evaporatively cooled condenser during the wet operating
mode. The tube bundle’s surfaces are deluged with water, and the axial fan drawn the air
through the bundle, which results on steam condensation inside the tubes. Therefore, the
knowledge of the studies in which the analysis of thermal performance of evaporatively

cooled condensers/coolers were carried out is worthwhile.

Jahangeer et al. (2011) numerically analysed the effect of deluge water film thickness
and air velocity on the tube-side, water and overall heat transfer coefficient in the cross-
flow plain round tube evaporative-cooled condenser performance for air-conditioning
applications. As the film thickness increased from 0.075 to 0.15 mm, the heat transfer
coefficients were found to decrease as the air velocity increased from 1 to 4 m/s, tube-side
and the overall heat transfer coefficient increased from 29000 to 33000 W /m?2K and 330

to 800 W /m?K, respectively.
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Zhang et al. (2014 a) experimentally and numerically studied the thermal performance
evaluation of cross-flow evaporative mist precooling; deluging cooling and the
combination of the two cooling systems on the louver fin flat tube heat exchanger. The
deluge water mass flow rate and air velocity effects on the heat exchanger capacity, water
drainage behaviour and air-side pressure drop were examined. As the water mass flow
rate and air velocity increased, both heat exchanger capacity and air-side pressure drop
increased. At 0.2 g/s m? and 1 g/s m? water mass flux, 70 % and 30 % of the water,

respectively evaporated

Fiorentino and Starace (2017a) presented an evaporative condensers performance
analysis test rig. The experiments were carried out to investigate the dry bulb temperature
and relative humidity effects on the system performance. As both the relative humidity
and the dry bulb temperature increased, the heat transfer rate was found to decrease. This
is due to fact that, the evaporative condenser capacity was found to be proportional to the

temperature difference between condensing and wet bulb temperatures.

Fiorentino and Starace (2017b) experimentally analysed the overall performance of the
counter current evaporative condensers. During the tests, the air temperature and relative
humidity were controlled and set at different values, and a relationship between air dry
bulb temperature and relative humidity at the exit of the condenser was established.
Furthermore, the water flow rate effect on the cooling capacity was assessed. A maximum
deviation lower than 2.5 % and 4 % between the experimental and predicted data of air
temperature and relative humidity, respectively were achieved. An increase of 50 % of the

sprayed water resulted in an increase of 14 % of the performance.
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Jaafarian and Kazemian (2017) mathematically modelled the two-stage evaporative
cooling system. The model was validated against the experimental data from the
literatures. The effects of air temperature and humidity on the system performance were
assessed using the validated model. At different inlet air relative humidity, the outlet air
temperature was found to significantly increase with inlet air temperature. At different
inlet air temperatures, as the outlet air temperature decreased, the evaporative pad

efficiency and overall heat transfer coefficient of heat exchanger increased.

Yang et al. (2020) experimentally investigated a refrigeration unit performance by
incorporating a spray evaporative cooling system to an air-cooled unit. Without including
the spray cooling system energy consumption, the average coefficient of performance of

the unit was increased by 3.78 % — 8.33 %.

2.2. Microchannel Heat Exchangers

2.2.1. Air-side Performance Characteristics Analysis
Under Wet Operating Mode

Kim and Bullard (2000) performed an experimental study for the brazed aluminium
louvered fin cross-flow MHX air-side thermal-hydraulic under dehumidified conditions,
and for residential air conditioning systems. The heat transfer and pressure drop
characteristics for wet surface were analysed, and water was used as a working fluid. The
test was performed for air-side Reynolds number, tube-side water flow rate, dry-bulb
temperature, wet-bulb temperature and inlet water temperature of 80 - 300, 320 kg/h, 27
°C, 19 °C and 6 °C, respectively. The analysis was conducted employing effectiveness-

NTU method, and the j- and friction factors for wet surface heat exchanger were compared
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to the dry one. At low Reynolds number, the sensible heat transfer coefficient and pressure
drops for the wet surface were found to be smaller and larger, respectively than that of the
same dry heat exchanger surface. This is due to the fact that, condensation of water on
surface built a film that acts as thermal resistance, and decrease the air flow path between

the fins. Furthermore, at smaller louver angles, the pressure drops were found to be higher.

Chen et al. (2013) conducted an experimental analysis on the heat transfer performance
of a finned flat aluminium tube MHX with spray cooling. The water spraying conditions,
air flow rate, and relative humidity effects on the heat transfer were investigated. Authors
found that at lower water spraying rate the heat transfer performance increased. However,
at high spraying rate the part of the non-evaporated drops attached to the fin surface form
a liquid film, which blocks the flow passage. Nevertheless, in general the water spray can

improve the air-side heat transfer performance significantly.

Huang et al. (2015) developed finite-volume for an air-to- fin heat and mass transfer
model with heat conduction of tube-to-tube, for a variable geometry MHX operating under
dry, wet (dehumidified), and partially wet conditions using the fin analysis method. The
model was developed for evaporators and condensers, and was verified by using the
results from CFD package simulation and validated against the experiment data. Authors
reported that, the predicted capacity deviated from measured values by 2.44 % and 2.92

% for condensers and evaporators, respectively.

Xu et al. (2015) carried out the experimental study of the finned horizontal flat tube MHX
with rectangular ports for refrigeration system applications, under wet (dehumidified) and

frosting conditions. Three samples with louver fins, wavy fin and wavy fin with drainage
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design were considered. It was found that, when the air velocity is 1 m/s the capacities of
samples with wavy fin and wavy fin with drainage design were 25.8 % and 56.7 %,
respectively higher than that of sample with louver fins, while the air-side pressure drops
were 35 % and 63 % lower than that of sample with louver fins. Authors concluded that,
these results were due to the factor that, some the droplets remained in the fins trough
obstructed air flow and increased heat transfer resistance. Similar conclusion was made
by Kim and Bullard (2000) and Korte and Jacobi (2001) that under wet conditions, as fin
pitch decreases, the retention of condensate increases, and as a result the heat transfer

performance decreases and friction increases.

Zou et al. (2016) modelled the thermal performance of A-shaped round tube plate fin
evaporator and louver finned flat tube microchannel evaporator with 26 rectangular ports
under wet (dehumidified) air conditions for residential air-conditioning system. A
refrigerant was used as a working fluid. Both uniform and maldistribution of refrigerant
among parallel microchannel tubes were investigated and dehumidified air condition was
simulated based on the total enthalpy and heat and mass transfer method. The simulated
results of these two methods were close and within £10 % of the measured capacity, and
the heat and mass transfer method were found to be easier to use. The refrigerant

maldistribution was found to reduce the capacity by 5 % compared to uniform distribution.

Srisomba et al. (2017) conducted an experimental research on the effects of inlet relative
humidity, air frontal velocity, air inlet temperature, and refrigerant (R134a) temperature
on air-side performance of multi-louvered finned flat tube aluminium MHX with 14

channels under the wet conditions (dehumidified). The relative air humidity, air inlet
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temperature, refrigerant-saturated temperatures and Reynolds numbers in the ranges of
45 % to 80 %, 27 to 33 °C, 18 to 22 °C and 128 to 166, respectively were considered. It
was reported that, as the inlet relative humidity, air frontal velocity, air inlet temperature
increased, the average heat transfer rate and air-side pressure drop increases too. However,
at constant air frontal velocity, the effect of the air temperature on air-side pressure drop

was insignificant.

2.2.2. Working fluid-side Performance Characteristics
Analysis

The analysis of the working fluid-side performance characteristics of the MHXs have been
performed by several researchers. This includes, the condensation flow and heat transfer

modelling, and geometry effects of the microchannel.

The hydraulic diameter and aspect ratio have a significant effect on the fluid flow and heat
transfer characteristics in a microchannel. Several researches investigated the effect of
geometrical parameters of the channel; however most of them achieved contradictory
conclusions. This is due to the fact, that they have been varying the height of the channel
for a constant channel width or the other way around, which means that the hydraulic
diameter and Aspect Ratio (AR) are changing at same time (Sahar et al., 2017). As a
result, the importance of the hydraulic diameter and aspect ratio were not outlined clearly.
The substantial laminar to turbulent flow transition were also reported in numerous

studies, in which single phase flow and heat transfer in microchannels were analysed.

Peng and Peterson (1996) investigated the rectangular microchannel (hydraulic diameter

in the range of 0.155 mm - 0.747 mm) size effect on single phase flow and heat transfer
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characteristics using water and methanol as working fluids. Authors reported that, laminar
to turbulent flow transition starts at Reynolds number (Re) = 300, and fully developed

turbulent flow regime starts at Re = 1000.

Pfund et al. (2000) experimentally studied the pressure drop across a microchannel with
hydraulic diameter in the range of 0.025 mm - 0.19 mm, using water as a working fluid.
The laminar to turbulent flow transition was reported to start at Re in the range of 1500 —

2200.

Xu et al. (2000) investigated a single-phase pressure drop in silicon and aluminium
microchannels (hydraulic diameter in the range of 0.03 mm - 0.344 mm) using water as a

working fluid. The laminar to turbulent flow transition was reported to start at Re = 1500.

Gao et al. (2002) experimentally studied a single-phase flow of water in rectangular
silicon wafer microchannels heat sink with a channel height range, a fixed width, aspect
ratio range and hydraulic diameter range of 0.1 mm - 1 mm, 25 mm, 0.003 mm - 0.04 mm
and 0.008 mm - 0.077 mm, respectively. It was found that, for a channel height less than
0.4 mm, the decreasing of channel height resulted in decreasing of Nusselt number.
However, the plotted results of heat transfer coefficient vs channel height showed that as
the channel height decreased, the heat transfer coefficient increased. Furthermore, the

laminar to turbulent flow transition was reported to start at Re in the range of 3500 — 4000.

Gunnasegaran et al. (2010) conducted a numerical study on the effect of shape of the
channel on water flow and heat transfer in multi-microchannel heat sink for the Reynolds

number in the range of 100 -1000. The geometrical shapes considered in the study were
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rectangular, trapezoidal and triangular, and hydraulic diameter and aspect ratio range of
0.259 mm - 0.385 mm and 1.03-2.56, respectively were considered. Authors found that,
the rectangular channel with the smallest hydraulic diameter has the highest heat transfer

coefficient and Poiseuille number compared to the other geometries.

El Mghaira et al. (2014) conducted a steam condensation numerical investigation in a
non-circular microchannel. The investigation was carried out for both single- and two-
phases, and for several microchannel hydraulic diameters, microchannels shapes, aspect
ratios, inlet vapor mass fluxes and contact angles. Furthermore, different correlations well-
known for determining the condensation flow heat transfer were analysed. It was found
that, for constant mass flux, as the hydraulic diameter of microchannel decreased from
250 mm to 80 mm, the condensate film thickness reduced and the average heat transfer
coefficient increases up to 39%. For rectangular microchannels, the condensation average
heat transfer was found to increase with aspect ratio. For the square microchannel, the
average Nusselt numbers was lower than that for triangular and rectangular
microchannels. Additionally, Shah and London (1978) correlation was recommended to

be used to evaluate condensate heat transfer coefficient in microchannels.

Zhang et al. (2014 b) experimentally investigated the hydraulic diameter and aspect ratio
effects on fluid flow and heat transfer of water in aluminium multiport microchannel flat
tubes. The hydraulic diameter was varied in the range of 0.48 mm to 0.84 mm for nearly
constant aspect ratio (AR = 0.83 - 0.88), and the aspect ratio was varied in the range of
0.45 to 0.88 for nearly constant hydraulic diameter (Dn = 0.6 mm - 0.63 mm). The range

of relative roughness and Reynolds number considered was from 0.29 % to 1.06 % and
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from 120 to 3750, respectively. The aspect ratio was reported to have an insignificant
effect on heat transfer rate; however, the effect of surface roughness and the entry region
have substantial effect on the heat transfer enhancements. Furthermore, the laminar to

turbulent flow transition was reported to start at Re range of 1200 —1600.

Moharana and Khandekar (2015) carried out a numerical study of axial wall heat
conduction in rectangular microchannels for developing flow using water at Re = 100.
The aspect ratio and hydraulic diameter of the channel were varied from 0.45 to 4.0 and
0.16 mm to 0.203 mm, respectively, with a boundary condition of constant heat flux. Up
to AR = 2, the average Nusselt number was found to decrease with increase of aspect ratio,
then for constant cross-sectional area and heating perimeter of the channel, the Nusselt

number began to increase with aspect ratio.

Wang et al. (2016) conducted similar study as that of Zhang et al. (2014 b) however, the
hydraulic diameter and aspect ratio were in the range of 0.172 mm to 0.406 mm and 1.03
to 20.33, respectively. They concluded that the rectangular geometry attained the best
performance, as well as a lowest thermal resistance compared to the other geometries.
Furthermore, authors found that as Reynolds number and aspect ratio increased the
pressure drop increased too, which results in high pumping power consumption.
Therefore, authors suggested that to improve performance, a smaller hydraulic diameter

should be combined with a larger wetted perimeter and convective heat exchange area.

Doan et al. (2017) conducted a 3D numerical simulation on phase change of steam and
effect of gravity on condensation profile in a microchannel counter flow surface condenser

with water as a coolant. The k — w SST (Shear Stress Transport) turbulence model was
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used to account for the turbulence effects on the fluid flow and heat transfer in a condenser.
The microchannel condenser consists of 10 square channels with hydraulic diameter of
500 um. It was found that, the temperature of condensed water is a function of the steam
mass flow rate as it was varied from 0.01 g/s to 0.1 g/s, and the gravitational force has

insignificant effect on the condensation profile.

Sahar et al. (2017) performed a numerical study on hydraulic diameter and aspect ratio
effect on water single-phase steady flow and heat transfer in a rectangular microchannel
heat sink. For constant aspect ratio at 1, the hydraulic diameter was varied from 0.1 mm
to 1 mm, while for constant hydraulic diameter at 0.56 mm, the aspect ratio was varied
from 0.39 to 10. Authors used Ahmad and Hassan (2010), and Galvis et al. (2012)
correlations to validated their model. They found that, up to AR = 2, the friction factor
decreased with increasing of aspect ratio, then after that it started increasing with aspect
ratio. However, no significant effect of aspect ratio on the heat transfer was found.
Furthermore, it was concluded that, as the hydraulic diameter increased the friction factor
and average Nusselt number increased too. Moreover, the laminar to turbulent flow
transition was reported to start at Re = 2000, and the numerical results were in good

agreement with both Ahmad and Hassan (2010), and Galvis et al. (2012) correlations.

Wang et al. (2018) developed the theoretical film, annular flow regime, condensation heat
transfer model for the refrigerant flows inside the oval-shaped microchannels. The surface
tension, disjoining pressure, interfacial shear stress and inter- facial thermal resistance
effects were considered during modelling. The study was carried out for two refrigerants,

R134a and R1234ze(E), and for the range of 300-1500 kg/(m? s) of mass fluxes. The
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model was validated against the correlations in the literatures. Due to higher liquid
conductivity of R134a, the circumferential mean heat transfer coefficient for R134a was

found to be slightly higher than that of R1234ze(E).

Ali et al. (2019) numerically investigated the surface roughness effect on the counter flow
MHX performance for hydraulic diameters value of 20 pm, 50 um, 110 pm, 150 pm and
using water as a working fluid. The findings showed that, as the surface roughness
increased, the pressure drop increased, and as the hydraulic diameter increased, the

pressure drop decreased.

Fung and Majnis (2019) used Computational Fluid Dynamics simulation to analyse the
microchannel geometry effects on the heat transfer between refrigerant flow and air flow
in segmental rectangular and circular MHX (R134a condenser). The rectangular and
circular MHX performance were compared in terms of effectiveness, pressure drop and
performance index. The heat exchanger effectiveness, pressure drops and performance

index were found to be higher for circular than that of rectangular.

Li et al. (2020) experimentally and numerically analysed the condensation flow and heat
transfer performance of the R22 in a mini-channels of Printed Circuit Heat Exchanger hot
side. The experimental analysis was conducted for inlet pressures, mass flux, and inlet
temperatures ranges of 0.5 MPa to 0.65 MPa, 10.52 kg m2s* to 109.42 kg m2s?, and
273 K to 289 K, respectively. The numerical model was validated against the experiment.
The results showed that, as the mass flux increased the pressure drop, heat transfer
coefficient and Nusselt number increased. Furthermore, the Nusselt numbers were found

high at lower pressure values.
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Abdel-Baky et al. (2020) investigated the use of microchannel condenser as a
performance improvement measurement of an air conditioning unit. Two R-22 air
conditioning units with cooling capacities of 3516 W and 5274 W were used during the
study. It was found that, the energy efficiency ratio of the microchannel condenser
increased by 4.3:11.3 % and 9.5:29 % for the first and second units, respectively, when
compared to traditional round finned tube condenser unit. This was reflected on the device
total efficiency and energy cost reduction. Furthermore, the convective heat transfer

coefficient was enhanced by 61.6:84.1 %.

Basaran and Yurddas (2021) modelled and designed the thermal performance
microchannel condenser for refrigeration applications with isobutane (refrigerant R600a)
as a working fluid. The model makes used of the existing correlations in the literatures for
predicting refrigerant heat transfer and pressure drop flow inside the microchannel. The
numerical model was validated using the experimental results. Furthermore, the model
was used to investigate the hydraulic diameter of microchannels and pass arrangement
effects on heat transfer performance. Both heat transfer coefficient and pressure drops

were found to increase as the hydraulic diameter decreased.

2.2.3. Hydrodynamic entry length correlations
The entry length is defined as the length from the channel entrance to the position at which
the velocity achieves 99% of its fully developed value (Sahar et al., 2017). Several
studies, in which the entry length in the microchannel was determined, have been

conducted. However, the correlations, for defining the hydrodynamic entry length in
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microchannels, are limited in the literatures. Some of the available correlations are from

Ahmad and Hassan (2010) and Galvis et al. (2012).

Ahmad and Hassan (2010) experimentally investigated the hydrodynamics in the
entrance region of square microchannels with hydraulic diameter of 0.5 mm, 0.2 mm and
0.1 mm, using microparticle image velocimetry. They proposed the correlation in Eq. (2.1)
and concluded that, for Re > 10, the channel size effect on the entrance length was
insignificant, and therefore, the dimensionless entry length (L./D;) depends only on
Reynold number (Re).

L, 0.60

s - 10.0752R
D, 014Re+1 ' ¢ (2.1)

Galvis et al. (2012) numerically investigated the aspect ratio and hydraulic diameter
effects on the hydrodynamic entrance length in rectangular microchannels of hydraulic
diameter between 0.1 mm and 0.5 mm, and aspect ratio between 1 and 5. They found that,
for Re > 50 the effect of channel aspect ratio on the dimensionless entrance length is
insignificant. Furthermore, they proposed correlations for rectangular microchannels with

1 < AR <5 and for Re < 50, as presented in Eg. (2.2) to (2.5).

Le __ 0740 4+ 0.0889Re; AR = 1.0 (2.2)
D, 009Re+1 ' & - '

L, 0.715

e -2  100825Re; AR=125 2
D, O01l5Re+1 ' ¢ (3)
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L, 1
e 10989Re; AR=250 2.4
D, 0.098Re + 1 ¢ (2:4)

L L147d +0.081Re; AR=75.0 2.5
D, 0.034Re +1 o 0% - (2:5)

2.2.4. Heat Transfer and Friction Factor Correlations for
Single-Phase Flow Heat Transfer

Due to wide practical applications in highly specialized fields of heat transfer and fluid
flow in microchannels, several studies have been conducted in single-phase flows. The
correlations developed for single-phase steam flow inside microchannel are relatively
limited in the literatures. Thus, the well-known heat transfer correlations of Dittus and
Boelter (1930) and Gnielinski (1976) for macrochannel/ conventional tubes/ mini-channel
were used in Ducoulombier et al. (2011); Sahar et al. (2016); and Basaran and Yurddas
(2021) studies. However, Gnielinski (1976)'s correlation (Eg. (2.6) establishes good
agreements with experimental data for the microchannel (Ducoulombier et al., 2011);

(Derby et al., 2012); and (Sahar et al., 2016).

(%) (Re —1000)Pr

Nugy = - for (2300 < Re < 10°)

14127 (g)z (Pr§ — 1) (2.6)

Nugy = 436  for (Re < 2300)

where f is a friction factor that can be evaluated using (Filonenko, 1954) correlation as:
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f = (1.82log(Re) — 1.64)~2 (2.7)

Another correlation that is closer to that of Gnielinski (1976) is Adams et al. (1997). This
correlation was proposed based on experimental data, and for Nusselt number for small

diameter tubes.

Nugn = Nugn(1 + @)

5 D\’ (2.8)
®=76x10 Re(“(m))

Derby et al. (2012) conducted a comparison study of single-phase heat transfer
coefficients of R134a in square, triangular, and semi-circular channel geometries with
constant hydraulic diameter of 1 mm. The Nusselt numbers attained by experiments and
Gnielinski (1976) correlation for different cross-sectional microchannels showed a good

agreement.

Marti’nez-Ballester et al. (2013) developed a model for air-to-refrigerant microchannel
condensers and gas coolers, which was validated using experimental data. On the
refrigerant-side, they employed Gnielinski (1976) and Churchill (1977) correlation (Eq.
(2.9)) to predict heat transfer coefficient and friction factor respectively for single-phase
flow. For the condenser, the model results concur well with experimental, and errors were

within an error band of +-5 %.
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Xing et al. (2013) proposed a simplified and an approximate correlation for Poiseuille

number (Po) which expressed as:

24
(1+ a)2(1 - 0.6274a) (2.10)

Po = fRe =

where « is aspect ratio.

Yin et al. (2015) used both Gnielinski (1976) and Churchill (1977) correlations in their
work, in which the finite-volume-based numerical condenser model was developed and
validated experimentally. They reported that, Churchill (1977) correlation was verified to
be able to determine the single-phase friction pressure drop, for the flow from laminar to

turbulent regimes.

Sahar et al. (2017) validated the friction factor and Nusselt number results obtained from
the numerical model, against the experimental data of Ozdemir et al., (2015) as well as
against Shah and London (1978) for fully developed, Eq. (2.11) and developing flow, Eq.
(2.12), and Bejan (2004), Eq. (2.13) for developing laminar flow correlation’s data. They
reported that, the numerical results concur very well with the experimental and

correlations data. However, the results by Bejan (2004) were higher.

RePrDh) (RePrDh
; or

v L

) > 333 (2.11)
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RePrD RePrD
Nu = 4.364 + 0.0722 ( "); for ( h) <333 2.12)
L -0.5
_q 2.13
Nu=15 (RePrDh) (213)

Al-Zaidi et al. (2018) experimentally studied the refrigerant mass flux, local vapor
quality, coolant flow rate and inlet coolant temperature effects on the local condensation
heat transfer coefficient. For single-phase analysis, they compared the friction factor and
Nusselt number to that of Shah and London (1978), Eq. (2.14); Peng and Peterson (1996),
Eq. (2.15); and Bejan (2004), Eqg. (2.13), and reported a good agreement between
experimental results and correlation data.

_ 24(1—1.355a + 1.9468% — 1.70124° + 0.9564* — 0.25378°)
B Re

(2.14)

Dn (Hc 0.62 p,.1 (2.15)
= . /3
Nu 0.1165( )( )Re Pr

c c

Ren et al. (2020) also employed Shah and London (1978) correlation, Eq. (2.14) in their
study, in which the counter-flow MHX performance was analysed. In this study, the log
mean temperature difference method in conjunction with iteration process were adopted
to define the heat transfer rate from both fluids, as well as the outlet temperatures for both
considered fluids. In comparison to conventional heat exchanger, the overall heat transfer
coefficient of the considered MHX, was found to be much higher. The pressure drops of

0.202 kPa and 1.884 kPa were obtained for liquid water and air, respectively.

Hsieh et al. (2021) experimentally investigated the convective heat transfer coefficient

and friction factor for single phase roughened rectangular microchannels. The friction
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factor results were compared to that of Shah and London (1978), Eq. (2.14), and good

agreement was achieved.

2.3. ACCs performance

Smit (2000) experimentally investigated the factors that affect the effective operation of
the dephlegmator units of ACC in different power plants. Furthermore, they proposed the
dephlegmator with a horizontal arrangement. The main factor that leads to ineffective
performance of the dephlegmator was found to be flooding in the finned tubes. Moreover,
for the proposed horizontal arranged dephlegmator, no flooding was found during the

experiment at both zero and some angles to horizontal.

Putman and Harpster (2000) scrutinized how the costs of the chemicals used for the
dissolved oxygen concentration in both the condensate and feedwater can be evaluated.
Furthermore, they proposed some approaches that can control the backpressure of the
condenser, which can affect the economic operation of a turbo-generator unit. The
fluctuations of the condenser backpressure were found to affect both Rankine Cycle
thermodynamics relationships and dissolved oxygen level in the condensate. As a result,
to compensate the dissolved oxygen level, the chemicals (such as hydrazine) were added
into the condensate returned to the boiler. However, proper measurements to control the
condenser back pressure can offset the cost of the chemicals used for the dissolved oxygen

concentration.

Honing (2009) examined the effect of steam-side and air-side characteristics on the
performance of the ACC, distribution of steam and critical length of the dephlegmator in

power plants. The investigation was conducted for both single and two-row condensers.
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For both row condenser, the tube inlet loss coefficient was found to have the major effect
on the critical length of the dephlegmator tubes. Furthermore, performance of the ACC,
distribution of steam and critical length of the dephlegmator were affected by ambient

conditions.

Lakovi¢ et al. (2010) analysed the impact of the cooling water temperature and flow rate
on the performance of the surface condenser, specific heat rate and energy efficiency of
the coal fired turbine-follow mode plant using thermodynamic theory. It was found that,
increasing of cooling water temperature decreased both heat transfer rate and energy
efficiency, while increasing of cooling water flow rate increased both heat transfer rate

and energy efficiency.

O’Donovan et al. (2012) measured and assessed the steam-side characteristics of the
modular ACC for a concentrated solar power under certain vacuum conditions.
Furthermore, the relationship between fan speed and condenser pressure was determined.
Furthermore, the steam-side pressure drop through the condenser tubes was also
measured. For a given steam mass flow rate, the condenser pressure was found to decrease
as the fan rotational speed increased. The frictional pressure drops obtained from the

experiment were comparable and in agreement Lockhart & Martinelli (1949) correlation.

Moore et al. (2014) design the modular ACC for concentrated solar power, which uses
smaller speed-controlled fans that incorporated into each module, and this allows the
operating point of the condenser to change in order to maximise plant efficiency at all
times. Furthermore, they stated that, at a particular condition, by varying fan speed by 10

% of the full speed, the plant output can be increased by over 10 %. However, this is
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applicable only below the optimum operating condition. Furthermore, they indicated that,
the fan power consumption increases with fan speed. Consequently, the net plant output

decreases.

O’Donovan et al. (2014) presented a modular ACC design in attempt to minimise the
weather effect on the A-frame ACC. Similar measurements as that was conducted in
Donovan et al. (2012) were used to analyse a 50 MW steam turbine gross output. The
plant output was found to increase with fan speed until a point, at which larger power
consumption rates of the fan offset further increases in plant output power. Furthermore,

the plant output was found to decrease as the ambient air temperatures increased.

O’Donovan and Grimes (2015) experimentally studied the steam-side pressure losses in
a circular tube bundle ACCs with a bank of axial fans that provides a cross flow of cooling
air. The experiments were performed over the range of 0.05 bar to 0.14 bar absolute and
33 °C to 55 °C of steam pressure and temperature, respectively. During the experiment,
the mass fluxes, per individual tube was varied from 0.7 kg/m?s to 2 kg/m?s, and steam-
side pressure losses were evaluated over a vapour and liquid Reynolds numbers in the
range of 1890 to 5150 and 25 to 95, respectively. Due to momentum recovery as the
condensate formed, the measured pressure drop through the tube bundle was found quite
small. The magnitude of momentum recovery was closer to that of the frictional losses,

therefore, momentum recovery offset the frictional losses.

Zhang et al. (2019) dynamically modelled the cold-end system for the direct air-cooling
generating unit. The exhaust steam condensation dynamic process in the condenser was

captured by employing the modified moving boundary method. The developed model was
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validated against the operating data. Based on the developed model, the model predictive
controller with feedforward compensation strategy was projected to maintain unit
backpressure stable at the optimum set-point while overpowering the ambient temperature
disturbances by controlling the fan rotation speed. The model was found to attain both

acceptable regulation of backpressure and disturbance rejection performance.

Huang et al. (2020) employed the computational fluid dynamics methods to analyse the
effect of the rotational speed of the windward fans with constant power consumption for
a2 x 660 MW power plant. As the windward fans rotational speed increased, the inlet air
temperature and fan mass flow rates were found to decrease and increase, respectively.

As a result, the ACCs heat rejections were improved even at high wind speeds.

Zhang et al. (2021) developed a model for a direct air- cooling condenser pressure by
taking into account the condenser dynamics and couplings with adjacent systems.
Furthermore, the model predictive control and zone economic model predictive control
were applied to the developed model. The model was used to analyse the impact of a
condenser pressure of a direct air-cooling on the turbine bleed flow and generation unit
economy. The results illustrated that, the proposed zone economic model predictive
controller offers a possible way of concurrently deal with the changes of ambient
temperature and economic optimization issues. The condenser pressure was found to
decrease as the rotation speed of the fan increased, and as a result, all the extraction steam

flow as well as unit power output and fan power consumption increased.
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2.4. Research Study Gap

In most of the reviewed literatures on HDWD performance evaluations, the thermal
performance of delugeable round bare tube bundle for HDWD were analysed, except in
Angula (2015), were delugeable flat bare tube bundle thermal performance was evaluated.
However, in Angula (2015) there were some assumptions considered during modelling
that may affect bundle performance. Therefore, in this study the improved modelling of
delugeable flat bare tube bundle thermal performance for induced draft HDWD was

conducted.

The reviewed literatures on the MHX performance analysis for both dry and wet operating
conditions focused on air-conditioning applications, where the working fluid is refrigerant
except in Doan et al. (2017), where the thermal performance of the surface condenser with
steam as a working fluid operates under dry mode was reported. In addition to that, the
wet operating mode analyses for MHX performance in literatures, were mainly performed
under dehumidification conditions, not deluging/spraying conditions, except in Chen,
Yang and Hu (2013), where experimental study of air-cooled finned flat aluminium tube

MHX performance with spray cooling was conducted.

Furthermore, in most MHXs literatures, the considered tubes were finned on the air-side.
The trapping of the water by fins of finned tubes, which increases heat transfer resistance
and air-side pressure drop have been reported by Qureshi and Zubair (2005); Xu et al.
(2015); Chen et al., (2013), and Korte and Jacobi (2001). Additionally, the evidence of
incorporation of the MDTB into a second stage of induced draft HDWD, as well as the

investigation of performance of MDTB operating under deluging conditions is not well

39



reported in most of the accessible literatures. Hence, beside the CDTB performance
evaluation, the MDTB with bare tubes operating under deluging conditions, and with
steam as a working fluid, as well as incorporation of the MDTB into second stage of

HDWD was considered in this study.

For the ACC literatures, in most of the them, the CD performance analysis was not single-
outed, except in Smit (2000), where the experimental investigation of the factors that
affect the effective operation of the dephlegmator units of ACC in different power plants,
and therefore, coupled to different steam turbine was performed. Therefore, in this study,
the CD unit’s thermal performance was evaluated and single-outed, through the
mathematical modelling of a direct air-cooling generating unit’s cold-end system coupled

to 30 MW steam turbine.
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Chapter 3: Models Development for Conventional
Delugeable Tube Bundle Thermal Performance
Analysis

This chapter focuses on the development of models to be employed in thermal
performance evaluation of a CDTB. The thermal performance of CDTB was modelled by
means of a combination of one-dimensional analytical and two-dimensional numerical
models. In addition to that, the solution methods of the governing equations, and

validation of models are also presented in this Chapter.

3.1. Physical Models
A single-row CDTB was considered in this study. CDTB consists of the flat bare tubes,

which have a vertical flat section and two round-ends as shown in Figure 3.1.

/Round—end

7

Vertical
flat section

L]
@\Ro
Figure 3.1: Bare flat tube for CDTB
The modelling of the CDTB was conducted in the such a way that, vertical flat section

und-end

and round-ends are modelled separately. Whereby, the heat transfer analysis for the round
sections of the tube, was carried out using round control volume, for which the cylindrical
coordinates were employed to derive the governing differential equations. While, for

vertical flat section of the tube, the flat control volume was used for heat transfer analysis,
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and the governing differential equations were derived using Cartesian coordinates. Both
control volumes are shown in Figure 3.2. The flat control volume was drawn from the
centerline of the tube to the symmetry line between the two adjacent tubes, while the round
control volume was taken from the center of round-end, at angle (8), to the symmetry line

between the two adjacent tubes.
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Flat Control 4:\ Deluge Water Film
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Round Control -7 Pr
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Inlet Air Deluge Water Out
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Figure 3. 2: Physical model of CDTB
The flow directions of all the media involved in the heat and mass transfer processes taking

place in both control volumes, as well as the parameters, which are essential for governing

differential equations derivations are depicted in Figures 3.3 (a) and (b).
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Figure 3. 3: Elementary control volume of the CDTB
The counter-current flow of air and water over the surface of the tubes was considered.

This flow arrangement is believed to consume less pumping power. For both control

volumes, the steam flows in the x-direction, inside the tubes. For flat section, the
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condensate drains in the negative z-direction. The recirculating deluge water is dispersed
over the tube surface in the negative z-direction, while the inlet air is drawn upward from
the bottom of the tubes in the z-direction. while the inlet air is drawn upward from the
bottom of the tubes in the z-direction. For round control volume, both condensate, deluge
water, and air flow along the tube round-end circumferences in their respective directions.
In both sections, heat is transferred from the condensed steam through the condensation

film, tube wall, deluge water film to the air stream.

Both one-dimensional analytical and two-dimensional numerical models were developed
by applying the momentum, mass and energy conservation principles to differential

control volumes and the following assumptions were considered.

e Steady, single phase, incompressible fluid flow and heat transfer.
¢ Negligible radiation heat transfer.
e The deluge water is distributed uniformly along the surface of the tubes.

e The effect of steam velocity on the condensate film is ignored.

3.2. The Governing Equations of a One-Dimensional
Analytical Model for CDTB

The one-dimensional analytical model was developed based on Poppe, Merkel as well as
heat and mass transfer analogy methods of analysis, and based on the approach presented

in Kroger (2004).

3.2.1.Flat control volume

a) The mass balance for the control volume for dry air (Figure 3.3 (a)):
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(Ga,z+AZ - Ga,z)AySAX =0 (3.1)
Divide with AxAzAy-, and let Az — 0 to obtain change of dry air mass flux,

(Ga,z+AZ - Ga,z) — dGa -0 (3' 2)
Az dz

b) The mass balance for the control volume for water (Figure 3.3 (a)):

(Gw,z - GW,Z+AZ)Ay4AX = (Ga,z+Az“)a,z+Az - Ga,zwa,z)AySAX (3 3)

Divide with AxAzAy. and AxAzAy,, let Az — 0, and consider Eq. (3.2) to obtain change

in deluge water mass flux,

dG, c dw, (3.4)
dz " ? dz

c) The overall energy balance for the control volume (Figure 3.3 (a)):

(Gs,x+Axis,x+Ax - Gs,xis,x)AylAZ (3 5)
+ pr(Gw,szw,z - Gw,z+Asz,z+Az)Ay4AX

+ (Ga,z+Azima,z+Az - Ga,z ima,z)AySAX =0

The steam condensation was assumed to happen at constant steam temperature, and

therefore ig, = i +ax, and Eqg. (3.5) can be simplified as:

dT, dG, di, dipng (3. 6)

Gz pw gy * gy ol = G g+ 0a 73,7

45



Hence,

d w d.s d'ma d w
L — ;(GS L +G Alma _ iCpWTW,Z) (3 7)

dz Gw,z Cpw E a az dz

According to Dalton’s evaporation law, the evaporation rate of the deluge water into the

non-saturated air stream is given as:

aaG
d_ZW = hya,, (Wsw -w) (3' 8)

where a,, is volumetric area of deluge water-side. At the air-water interface, the heat

transfer is expressed in term of latent and sensible heat as:

Qo =05+ (3.9)
The latent and sensible heat can be defined, respectively as:

dw
Q= Gad_zaiv = hgay, (Wsw - W)iv (3- 10)

Qs = hqaa(Ty, — Tp) (3.11)

where, a, is volumetric area of air-side, and i,, is the water vapour enthalpy, which is

determined at the deluge water film temperature (T,,) as:
Iy = ifgwo + vaTw (3.12)

where, ir4,, is latent heat evaluated at 0 °C. Therefore, Eq. (3.9) can be re-written as:
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di
Qs = haaa(Tw - Ta) + hya,, (Wsw - W)iv =G, ﬁ (3- 13)

The saturated air enthalpy and air-water interface vapour mixture enthalpy are computed

respectively as:

Lnasw = CpaTw + Wsw(ifgwo + vaTw) = CpaTw + Wy by
(3. 14)

= CpaTw + wiy+(Wgy, — W),
Ima = Cpalaq + W(ifgwo + cvaa) (3.15)

Therefore, the temperature differential (T,, — T,;) in Eq. (3.13) can be replaced by the
enthalpy differential of saturated air enthalpy at the air-water interface and air-water

interface vapour mixture enthalpy per unit of dry air which defined as:
Imasw — lma = (Cpa + chv)(Tw —Tg) + Wy, — W)y, (3.16)

Then Eq. (3.16) can be rearranged as

Tw - Ta = [(imasw - ima) - (Wsw - W)iv]/cpma (3 17)
where
Cpma = Cpa + WCpy (3.18)

Therefore, Eq. (3.13) can be rearranged as:
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dima hgaw hq . . hg .
: = a2 (lmasw - lma) + (1 - hd) lv(Wsw - W)] (3- 19)

dz Ga | Cpmaha Cpma

where h,/c,mahq is a Lewis factor, which determines the relation between the heat and

mass transfer. The heat transfer rate from the condensed steam to the deluge water film

can be expressed in term of overall heat transfer coefficient as:

di,

Gs T

= Uqaq(Ts — Tys) (3. 20)

Therefore, the changes in the steam enthalpy can be expressed as:

dis

ol Ua_a (Ts = Tws) (3.21)

The overall heat transfer coefficient is defined as:

-1

I ERT S
Ua_[hc+kt+hw 3. 22)

The differential equations (3.4), (3.8), (3.13), (3.19) and (3.21) are describing the heat
transfer processes taking place within the one-dimensional flat control volume of a CDTB

based on Poppe approach.

For Merkel’s simplified approach, the Lewis factor is taken to be equal to one, the deluge

water evaporation (%) is considered to be equal to zero, and the deluge water

temperature is assumed to be constant (%W). Therefore, Eq. (3.7) and (3.19) become,

respectively
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Gy — = Ga —~ (3.23)

d;’;‘“ = thZ“ (imasw = ima) (3. 24)
And therefore,

6,0~ ya, (1, T, (3.25)

Gq d;';“ = hq @y (imasw — ima) (3. 26)

Integrate Eq. (3.25) and (3.26) between the inlet and outlet air enthalpy

imao - imai _ UaAa (3. 27)
Ts = Tws GaAfr
imasw_imai _ hgAw _
ln (imasw_imao> - GaAfr - NTUa (3- 28)

The enthalpy of the air at bundle exit can be obtained from Eq. (3.27) and (3.28) as:
. . UgAq
lmao = lmai T Ga_Afr (Ts — Taws) (3.29)

imao = imasw - (imasw - imai)e_NTUa (3' 30)

The surface temperature of the deluge water can be defined either using Eq. (3.27) or

combination of Eqg. (3.29) and (3.30) as:
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TWS — TS _ GaAfr(:']r;LZ;_imai) (3 31)

~NTUq)

T, =T, — GaAfr(imasw—Ui;n::)(l—e (3.32)
3.2.2.Round control volume
a) The mass balance for the control volume for dry air (Figure 3.3 (b)):
(Gog+a6 — Gap)ArsAx = 0 (3.33)
Divide with AxArsrs A8, and let A6 — 0 to obtain change of dry air mass flux,
(Gaprao — Gap) _ 1dGa _ (3.34)
r5A0 rs dO
b) The mass balance for the control volume for water (Figure 3.3 (b)):
(Gw,o = Gu,0+20)AT30X = G (05,0400 — Wa0)AT5AX (3.35)

Divide with AxAr,r, A8, and AxArsr<A6, and let A@ — 0 consider Eq. (3.34) to obtain

change in deluge water mass flux,

dGy _ry . dog (2.36)
dé rs ¢ do

c) The overall energy balance for the control volume (Figure 3.3 (b)):
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(Gs,x+Axis,x+Ax - Gs,xis,x)ArlrlAe
+ Cow(GuwoTawe — Gwo+a0Tw 0400 )ATLAX (3. 37)

+ (Ga,6+A9ima,9+A6 - Ga,H ima,G)ArSAX =0

Eq. (3.37) can be simplified to

1 dT,, 1dG, dis 1. ding
Ty GW 0Cow 3 do + o d9 prTWG Gsx dx Ga@ do (3 38)
Hence,
dTyw _ 14 _ ldGy dis dima
P Gw,8Cpw ( T4 do CpWTW o GSX dx e Ts Ga,@ ae ) (3' 39)

According to by Dalton’s evaporation law, deluge water evaporation rate into the non-

saturated air stream is:
—5a = hdaw (Wsw - W) (3' 40)

The heat transfer across the air-water interface is expressed as:
Qa=0s+Q (3.41)
The latent and sensible heat can be defined respectively as:

r,  dw,

Q= Ga dQ hd ay (Wsw W) Iy (3- 42)
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Qs = hya, (wa - Ta) (3.43)
Therefore, Eq. (3.41) can be re-written as:

1 dipy,

Qs = haaa(wa - Ta) + hdaw(wsw - W) Iy = _Ga,H ~—a (3 44)
Tg do

Through the same simplification process, as indicated by Eq. (3.13) to (3.18), Eq. (3.44)

can be rearranged as:

dima  hatw h
— Ts
ao Gao

2 (imasw = ma) + (1= =22 iy (W = )| (3.45)

Cpmahd Cpmalld

In term of overall heat transfer coefficient, the heat transfer rate from the condensed steam

to the deluge water film can be expressed as:

Ls

Cox

= Uaaa(Ts - Tws) (3 46)

The overall heat transfer coefficient is defined as:

U, =1|—
a he  2mkil;  hy

Tto -1
s G L] (3. 47)

Based on Poppe method, the heat transfer processes taking place within a one-dimensional
round control volume of CDTB are defined by Eqg. (3.36), (3.39), (3.40), (3.45) and (3.46).
By applying Merkel’s assumptions, and carrying out the same simplification process as

shown by Eqg. (3.23) to (3.32), the outlet air enthalpy can be determined by equations
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similar to Eqg. (3.29) and (3.30), while the deluge water surface temperature can be defined

by equations similar to Eqg. (3.31) and (3.32).

3.2.3.Solution Methods of Governing Equations

For the flat and round control volumes, the differential equations were integrated over the

vertical flat height (Hy) and round-end (angle 8) sections of the tube, respectively. The

obtained integrated governing equations were solved analytically.

The one-dimensional analytical model was assessed based on Poppe, Merkel, and heat
and mass transfer analogy methods. For both methods, the outlet air temperature and
humidity ratio, as well as the deluge water inlet and outlet temperature were attained
through Gauss-Seidel iteration method. The output performance data for the down round-
end section were taken to be the input performance data of the vertical flat section, while
the input performance data of the upper round-end section were equal to output

performance data of the vertical flat section.

In Merkel approach, the Lewis factor was assumed to be equal to unit, while, in Poppe

method, the Lewis factor was defined by using Bosjnakovic (1965) equation as:

Le = 0.866%657 (LO622 - 1) /In (W+°'622) (3. 48)

w+0.622 w+0.622

Furthermore, in Poppe method, the air at the exit of the bundle was not considered to be
saturated. The mass transfer coefficient at the air-water interface was obtained from the

relationship between heat and mass transfer coefficient through a Lewis factor as:
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hg = hq/cpmale (3.49)

For the heat and mass transfer analogy method, the mass transfer convection coefficient
is determined from the analogy between heat and mass transfer at the air-water interface
by using correlations accessible in Appendix B to F. To define overall the heat transfer
coefficient in Eq. (3.22) and (3.47), several correlations presented in Appendix B to F
were employed to determine the condensation and deluge water heat transfer coefficients.
The flow charts of the iterative loop for one-dimensional model evaluation is shown in

Figure 3.4.
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Geometric parameters: Hy; ty; Pe; Wy; Li; gy 1y
Inlet operational parameters:
Tais wi; RH; Typ; Ba; Vais My Ts

i

Guess:
Tao; wo; Ty - for Poppe approach
Ta0; Twi - Tor Merkel approach
Tao; wo; Twis Tys - for Heat and mass analogy approach

!

Evaluate:
Am,, by Eq. (3.4); (3.8) — for all methods
Q by Eq. (3.13); (3.19); (3.21) - for Poppe and Heat and mass analogy
approach
Q by Eq. (3.24); (3.25); (3.26) - for Merkel approach

l

No

Converged
Am,, and Q

l Yes

Record performance parameters
Twi; Tao; Wo; hc; hd; ha; Q; APa

Figure 3. 4: The flow chart of the iterative loop for one-dimensional model evaluation
3.2.4.Validation of Model

The model’s validation was carried out based on the following typical designing and

operating conditions of a delugeable tube bundle as shown in Table 3.1(Angula, 2015).
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Table 3. 1: Typical designing and operating conditions of a delugeable tube bundle

Description Symbol Unit Value
Steam temperature T °C 45
Atmospheric pressure Da Pa 101325
Ambient inlet air temperature T, °C 15
Relative humidity [0} % 60
Air velocity Vg m/s 2
Deluge water mass flow rate m,  Kkg/s 2

Figure 3.5 was considered for the flow on the air-side. The height (Hg,) at which two air-
side boundary layers meet was calculated. The flow within the boundary layer height
(Hg,) was considered to be a developing flow. Therefore, the heat transfer rate and air-
side pressure drop within this region were determined by employing the external flow
theories. The flow in the rest of the air flow channel was considered to be a fully developed
flow. However, for the considered tube height (H, = 220 mm), the height (Hg;) was
calculated to be 500 mm, which is greater than the tube height (H,). Therefore, the entire
air-side flow was taken to be developing flow. Furthermore, the critical height at which
the flow would change from laminar to turbulent was calculated to be 1690 mm, which is
also greater than considered tube height (H,), therefore, the laminar external theories were

employed.

For validation of the one-dimensional analytical model, the solutions for each tube section
attained from all the methods (Poppe, Merkel and heat and mass transfer analogy) were
compared in Table 3.2. In Table 3.3, the comparison of overall solutions as per method
are presented. Poppe, Merkel and heat and mass transfer analogy are well-established
methods, and their predictive ability have been proven (Rodrigo et al., 2013). The

solutions, from all the methods were found to be comparable.
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Figure 3. 5: Tube bundle section, illustrating the air-side flow between two adjacent tubes
By comparing the Merkel solutions to Poppe solutions, the outlet air temperature and

humidity ratio were found to be 0.24 % and 1.22 % higher and lower, respectively. While
by comparing the heat and mass transfer analogy solutions to Poppe solutions, the outlet
air temperature and humidity ratio were found to be 0.06 % and 3.2 % lower. Due to the
fact that Merkel method assumes saturated air output, the outlet air humidity ratio
supposed to be higher than that of Poppe method. However, Rodrigo et al. (2013) found
that, this is not to be always a case, since this may influence by the air temperature and

amount of deluge water.

The highest heat transfer rate was obtained by Poppe method followed by Merkel method,
and heat and mass transfer analogy method obtained the lowest heat transfer rate. While
slight differences in air-side pressure drop were yielded. This correlate with the conclusion
made in Angula (2015), where the performance of the similar tube bundle was analysed,

by employing only one control volume with differential governing equations in Cartesian
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coordinate, which were integrated over entire tube height including the bottom and upper
round-end sections. By comparing the Merkel and heat and mass transfer analogy
solutions to Poppe solution, 2.94 % and 8.99 % differences in heat transfer rate were
achieved, respectively. This is due to the fact that, the deluge water evaporation rate is
believed to be higher when Lewis factor is smaller, which results in higher latent heat
transfer. The Lewis factor for Poppe method was found to be less than a unity, while the
Merkel method assumes that the Lewis factor is equal to one. The Merkel method
underestimates the amount of water that evaporates. Hence, the slight inconsistencies

between solutions were mainly due to the assumptions made in Merkel model.

From the presented results, it can be said that, one-dimensional model is valid for the
analysis of the thermal performance of a CDTB that can be incorporated into the second
stage of induced draft HDWD. Furthermore, all the methods can be employed to analyse
thermal performance of a CDTB. However, according to Rodrigo et al. (2013), when a
detail and accurate results and design are required, the Poppe method is the best, whence
Merkel method is more appropriate when less accuracy is required. In heat and mass
transfer analogy method, the mass transfer convection coefficient is determined from the
analogy between heat and mass transfer at the air-water interface, and it does not make
use of Lewis factor or any other assumption. In addition to that, the heat and mass transfer

analogy was found to be easier to use (Zou et al., 2016).
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Table 3. 2: Comparison of one-dimensional model results per section of the tube

Description Condensation Deluge water Deluge Outlet air Outlet air Air-side Mass Heat Air-side
heat transfer inlet water heat temperatur humidity heat transfer transfer pressure
coefficient temperature, transfer e, ratio transfer coefficient  rate drop

coefficient coefficient

Units W/m?K °C W/m?K °C kg/kg W/m2K  W/m?K w Pa

Pope
Approach

16984.85 43.838 21144.71 16.44 0.00900 26.18 0.02706 151.54

Merkel
Approach 24203.38 - 871.86 - - 18.33 0.01795 556.48 0.6044

c Heat and
o Mass

§ Transfer 24840.96 - 872.92 - - 18.32 0.01749 514.77 0.6042
9 Analogy

= Approach

Pope

Approach 17040.38 20985.332 26.12 0.02711 150.66 24.87




Table 3. 3: Comparison of one-dimensional model results per approaches

Description Condensation Deluge Deluge Outlet air Outlet Air-side Mass Heat Air-side
heat transfer water inlet water heat temperature air heat transfer transfer  pressure
coefficient temperature transfer humidity  transfer coefficient  rate drop

coefficient ratio coefficient  (critical
region)

Symbol h. Twi hyy Tao Wao hq hg Q. AP,

Units W/m?K °C W/m?K °C kg/kg W/m?K W/m?K w Pa

NMETE] 19492.31 43.89 14388.07 16.48 0.00889 23.54 0.02305 852.65 24.91

Approach

Pope Approach 19316.21 43.84 14333.79 16.44 0.00900 23.54 0.02440 878.45 25.47

Heat and Mass

Transfer

Analogy 19850.83 43.83 14390.35 16.43 0.00871 23.53 0.02217 799.42 25.45

Approach

60



3.3.  The Governing Equations of a Two-dimensional
Numerical Model for CDTB

The two-dimensional numerical model was developed in order to analyze the heat transfer
in the y and z- directions for flat section, and in radial (r) and transverse (8) directions for
round-end sections. The heat transfer in the z- and transverse (6) directions are mainly
due to enthalpies carried by fluids, and in the y- and radial (r) directions are due to the
conduction and convection through the tube wall and fluids. The axial heat transfer in the
x-direction and along the tube length was neglected. For the two-dimensional numerical
model, both round-end and flat sections elementary control volumes, in Figure 3.3, were
further divided into five sub-elementary control volumes. These are steam-side,
condensate-side, tube wall-side, deluge water-side and air-side. Then, the conservation
principles of mass, momentum and energy were applied to each individual sub-elementary
control volume to derive the governing differential equations which describe the fluid
flow and heat and mass transfer processes taking place in each sub-elementary control

volume.
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3.3.1.Flat Control Volume

3.3.1.1. Steam-side elementary control volume

The steam-side elementary control volume is shown in Figure 3.6.

z+Az

Az
Gs,x

is,x z X
T sx 0 Ay 1 Vi

Figure 3. 6: Steam-side elementary control volume
a) The mass balance for the elementary control volume (Figure 3.6):

(Gs,x - Gs,x+Ax)Ay1AZ = Gsy, AzAx (3.50)
That can be simplified as:
AGg, Ay Az = G, AzAX (3.51)

Divide with AxAzAy;, and take the limitas Ax — 0 to obtain the change in mass flux

of steam as:
0G,, Gy V1
—_— = 3.52
0x Ay, ( )

b) The energy balance for the elementary control volume (Figure 3.6):
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(Gs,xis,x - Gs,x+Axis,x+Ax)Ay1AZ = Gs,y1 is,ylAZAx (3- 53)

The pressure differences within the steam flow are usually small that the saturated
temperature of the steam can be assumed constant. Therefore, steam condensation was
presumed to happen at constant steam temperature, so that i, = isiax = is,, then Eq.

(3.53) becomes,
AGgyisxAy1AZ = Gy, Is ., AzAX (3.54)

Divide with AxAzAy,, and take the limitas Ax — 0 to obtain energy accompanied by

steam as:
dG; Gsy, .
Ox lgx = Ayll Ls,ys (3. 55)

c¢) The heat transfer balance for the thermal resistance (Figure 3.7):

GS,Y1AZAX':5,)’1 = Qs,s—cs (3- 56)

Qs, s-CS

Ts v Tes

Rs - 0
GS,erAx
'1'.5“ x+Ax

T

s,x+Ax

Figure 3. 7: Steam-side thermal resistance
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3.3.1.2. Condensate-side elementary control volume

The condensate-side elementary control volume is presented in Figure 3.8.

———
Qc, Y 2

x+Ax

Yo X

Ay, G..

Tc,z

Figure 3. 8: Condensate-side elementary control volume

a) The mass balance for the elementary control volume (Figure 3.8):

(Gez — Gepinz)Ay20x = G, AzAX (3.57)
That can be simplified as:

AG Ay Ax = G, AzAX (3.58)

Divide with AxAzAy,, and take the limitas Az — 0 to obtain the change in condensate

mass flux as:
G, Gs,y1
5 = Ay, (3.59)

Substitute Eqg. (3.55) into (3.59) to yield the changes in steam mass flux:
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3Gy _ 9Gez Ay,
0x 0z Ay,

b) The energy balance for the elementary control volume (Figure 3.8):
Gs,ylAZAXis,yl + Gc,z+Asz2AXCchc,z+Az = Qc,yz + Gc,szZAXCchc,z
That can be simplified as:

Gs,y, (AZAX) (s, — Q

Yy

= GC,ZAyZAXCchc,z
— (Gep — AGey) Ay A%y (T, + AT )

= AGczA.'yZAXCchc,Z+AZ - GC,ZAyZAXCpCATCZ

Substitute Eqg. (3.58) into (3.62) and simplify
Qe = 868y, 8x(isy, = CpeTeprns) + Goshy,Axe, AT,
) The heat transfer balance for the thermal resistance (Figure 3.9):

Qc,z+Az—cm + Qc,cs—cm = Qc,cm—ti + Qc,cm—z
where

Q _ kcAxAz(Tes—Tem)
c,cs—cm Ayzq
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kcAxAz(Tom—Ty)  kcAxAz(Ts—Ty;) (3. 66)

Qcom—ti = Ay Ay,

Qeztdz—cm = GezazlY2BXCpe(Tezraz = Tem) (3.67)

Qecem—z = Gez8Y28%Cpc (Tem — Tt 2) (3.68)
(3.69)

Ay, = Ay,q1 + Ay,

Gc,:+A:

T ¢, ztAz

Ay_’,l/kf”AAf Ay, YkeAd;

Qc, cm-z

T,

=

Figure 3. 9: Condensate-side thermal resistance

d) Coupling of the elementary control volume to thermal resistance (Figure 3.8 and 3.9):

(3. 70)

Qces—cm = Qs,s—cs

Qcem—ti = Qc,yz (3.71)

e) The momentum balance of the elementary control volume (Figure 3.10):

The momentum balance was carried out to define the weighted mean temperature of the

condensate. Consider the control volume ( y*AxAz) shown in Figure 3.10. The forces
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acting in the control volume are due to buoyancy (Fp), gravity (F;) and friction which is

due to viscosity (F;).

z+Az
F.
|
Az //Lj/)JﬁAx
<~
e /Z/T - ~Ax
—~ . e
Z | |
Yi Fp %Fg X |

-—y*—--—csc,z-y*
--—66

Figure 3. 10: Free body diagram for the control volume in the condensation film
The force balance for the free body diagram shown in Figure 3.10 can be written as:

* d Cc *
P9 (Y AxAz) = u, d—;* (AxAz) + psg(y*AxAz) (3.72)

The changes of the condensate velocity over y* was achieved by dividing Eq. (3.72) by

(AxAz) as:
duc: _ 9(P.—pg)
ay Ty (3.73)

The condensate velocity profile inside the condensation film, can be obtained by

duc % _
o 0 ,and at y, where y* =

integrating the Eq. (3.73), so that at y, where y* = 0,

8¢,z uc = 0, which led to the velocity profile of the condensate to be:
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* ( c— s) *
U (y") = LEEL 2 (3.74)

2Uc

The mass flow rate of the condensate at the location z, where the film thickness is &, ,,
and was defined as:

6C,Z 6C,Z

. . PcgBx(pc — ps) a2 0
Ge DX, , = f pette (Y Axdy™ == Z#C > f y*dy
C
0 0

(3. 75)

_ pPcgAx(p. — ps)

6 3
6u, o

The enthalpy transferred by the condensate as it flows through the cross section (Axd,. ,),
can be written as:

¢

Gc,zAx‘Sc,szcTcm = Cpcj pcuc(Y)T.(y")Axdy” (3' 76)
0

Since the temperature profile within the condensation film in the y-direction was assumed
to be linear, it can be expressed so that T,.(y*) = T, at y,, where y* = 0, and T, (y*) =
Ty at y,, where y* = 6§, ,. Therefore,

(Tcs - Tti)

Tc(y*) =Tes — 5
¢z

y* (3.77)

And Eqg. (3.76) can be re-written as:
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8¢
— T.. —T..
Ge,z8%8¢ . Tem = pe Mf y*z (Tcs - My“) Axdy*®
2p4¢ ; 8¢,z

which can be simplified as:

Gc,zAx 6C,Z Tcm - 5

_ pchx(pc - ps)603 Tcs _ (Tcs - Tti)
2, 3 4

Combine Eqg. (3.75) and (3.79) as:

pcgAx(p; — ps)

6,u—c 66,23 Tcm

_ pcgBhx(p. — ps)ac,z3 Tes

2U, 3

(Tcs - Tti)
4

(3. 78)

(3.79)

(3. 80)

Therefore, the weighted mean temperature of the condensate in the condensation film is

3
Tem = Tes — Z (Tcs - Tti)

3.3.1.3. Tube wall-side elementary control volume

The tube wall-side elementary control volume and thermal resistance diagram are

illustrated in Figures 3.11 and 3.12, respectively.
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QI,2+A2

z+Az

|
| Qt,v&’
Qc,_vZ / | .
Az P A= x+AX
~
/ Ax
V4 . X
Y2 Ay, V3

VQr,z

Figure 3. 11: Tube wall-side elementary control volume

T rz+Az

Az/2lAA, . 3 (O s

]:a.' L'om To

Ay 2k:AA4y Ayy/2kiNAy,
Az/2kAA, . O, tm-z
T 1z

Figure 3. 12: Tube wall-side thermal resistance

a) The heat transfer balance for the thermal resistance (Figure 3.11):

Qt,ti—tm + Qt,z+Az—tm = Qt,tm—to + Qt,tm—z

where

Q _ ZktAxAz(Tti—Ttm)
tti—tm — Ays
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__ 2ktAy3Ax(Te z4+02—Tem)
Qtz+az-tm = e (3.84)

2kiAxAz (Ttm _TtO)

Qttm—to = Ay (3. 85)
2k Ay3 DX (Tem—Tt 2
Qt,tm—z _ 2kedys Z(Zt tz) (3. 86)

b) Coupling of the elementary control volume to thermal resistance (Figure 3.11 and

3.12):
Qtti-tm = Qcy, (3.87)
Qtz+nz-tm = Qtz+az (3.88)
Qttm-to = Qty, (3. 89)
Qttm-z = Quz (3. 90)
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3.3.1.4. Water-side elementary control volume

The deluge water-side elementary control volume is presented in Figure 3.13.

ztAz
Q1 v,y3
Az
z | X
V3 Ay, l)/zt
Gw,:
T w,zZ

Figure 3. 13: Deluge water-side elementary control volume

a) The water mass balance for the elementary control volume (Figure 3.13):

(Gw.z4az — Gwz)Ayalix = G, AzAx (3.91)
That can be simplified as:

AG,,,Ay,Ax = G, AzAX (3.92)

Divide with AxAzAy,, and take the limitas Az — 0 to obtain the change in deluge water

mass flux as:
aG,, G, Va
= — 3.93
0z Ay, ( )

b) The energy balance for the elementary control volume (Figure 3.13):
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Qw,y, — (Qs,y, + Gy, AzAXiy . ) = Gy, AY4AXCYy, Ty, —
(3. 94)

GW,Z+AZ Ay4 Achw TW,Z+AZ

Let’s the heat transfer leaving the control volume to be Q,, ,,,, which is the sum of sensible

and latent heat crossing the air-water interface.

QW:y4 = QS:y4 + Gv'y4- AZAXiv'y4- (3 95)

Substitute Q,,,,, into Eq. (3.94) and re-arrange terms

Qw,y4 = Qw,y3 + Gw,z+Asz4AXdewa,z+Az - Gw,sz4AXprTw,z

= Qw,y3 + (GW,Z + AGWZ)Ay4AXCpW(TW,Z -

(3. 96)
ATy, )- Gy 2 AYaAXCpyy Ty,
= QWJ,3 — Gy ,AysAxCpy AT, + AGy,AysAxCpw Ty 240z

c) The heat transfer balance for the thermal resistance (Figure 3.14):

Qw,to-wm T Qw,z+az-wm = Qwwm-ws + Qw,wm-z (3.97)
where

Qoo = kWAxAz(Tto—Twm) (3. 98)

Va1
Qu s = kwAxAz(Twm=Tws) _ kwAxAz(Tro—Tws) (3. 99)

Ayasz Ay,
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QW,Z+AZ—Wm = Gw,z+Asz4AXpr(Tw,z+Az - Twm) (3 100)

QW,Wm—Z = Gw,sz4AXCpW (Twm - Tw,z) (3 101)
Ay, = AY41 + DYy (3.102)
w,z+Az
w,z+Az
Q1J.’,:+d:-11’m
]/thAw = ]/thAw =
Ay4’jﬂ€cAAf Ayzi’z/kcAAw
Gw,:'
T w,:v

Figure 3. 14: Deluge water-side thermal resistance
d) Coupling of the elementary control volume to thermal resistance (Figure 3.13 and

3.14):
Qw,to—wm = Qw,y3 (3. 103)
Qwwm-ws = Qw,y4 (3.104)

e) The momentum balance on the water-side

The momentum balance of water-side control volume was carried out in order to

determine the weighted mean temperature of the deluge water, and was conducted in the
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similar manner as that of condensate-side control volume. The weighted mean temperature

of the deluge water was computed as:

5
Twm = Teo =5 (Teo — Tws) (3. 105)

3.3.1.5. Air - side elementary control volume

The air-side elementary control volume is shown in Figure 3.15, and the air was assumed

to be moist and unsaturated.

Go

lma,z+dz’ Ta,z+Az

WAz
z+Az

/AA(I
Az

z
x+Ax

®
It
:
]
rGH :z

ima, z T .z

Figure 3. 15: Air-side elementary control volume

a) The water vapour mass balance for the elementary control volume (Figure 3.15):
Gyy, AzAX = GoAysAX[(1 + wyppz) — (1 + w,)] (3. 106)

That can be simplified as:

Gy,y,AzAx = GoAysAxAw, (3.107)
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Divide with AxAzAys, and take the limit as Az — 0 to obtain the change in humidity

ratio as:

Gyy, B Jw,

Ty~ a2 (3. 108)

b) The energy balance for the elementary control volume (Figure 3.15):

(Qsy, + Gpy,Az0xiy,. ) = GaAYsAX(ima z+az — imaz) (3. 109)
Substitute Eqg. (3.95) into (3.109) and simplify

Qw,y, = GaAYsAXAiy, (3. 110)

c) The heat transfer balance for the thermal resistance (Figure 3.16):

Qasws—am = haAxAz(Ty5 — Tgm) (3.111)

Qatws—am = haAxAzi,,y, (Wgy, — Wzm) (3. 112)
Eqg. (3.110) can now re-written as

Qw,y, = haAxAz(T,,s — Tgm) + hqAxAziy, , (Wsy — Wzm) (3.113)

= GaAysAXAiy,

Divide with AxAzAys, and take the limitas Az — 0 to obtain the changes in moist air

enthalpy.
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di h hy
arrzla = GaAays (Tws - Tam) + m lyy, (wsw - (‘)zm) (3 114)

Ga WAz ima,erdz’ T az+Az
1/haAAa

‘ as,ws-arm

Tom

Ts. Ga, W, 7 ima,z’ Ta,Z

al, ws-am

1A Ay

Ga, Wz ima,z' T az
Figure 3. 16: Air-side thermal resistance

d) Coupling of the elementary control volume to thermal resistance (Figure 3.15 and

3.16):
Qal,ws—am = Ql,z+Az—z (3.115)
Qas,ws—am = Qs,z+Az—z (3 116)
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3.3.2.Round control volume

3.3.2.1. Steam-side elementary control volume

The steam-side elementary control volume is presented in Figure 3.17.

Figure 3. 17: Steam-side elementary control volume

a) The mass balance for the elementary control volume (Figure 3.17):
(Gs,x - Gs,x+Ax)Ar1r1Ae = G, 11 A0AX (3.117)

Divide with AxAr;r; A8, and take the limit as Ax — 0 to obtain the changes in steam

mass flux as

0Gsy _ Gs,rlrl

= 3.118

0x Ary ( )
b) The energy balance for the elementary control volume (Figure 3.17):

(Gs,xis,x - Gs,x+Axis,x+Ax)Ar1r1Ae = Gs,rlrlAHAXis,rl (3 119)

Since steam condensation was considered to happen at steam constant temperature, it can

be assumed that is, = isx4ax = Isr, then,
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(Gs,xis,x - Gs,x+Axis,x)Ar1r1Ae = Gs,rlrlAeAxis,rl (3- 120)

Divide with AxAr;r; A6, and take the limitas Ax — 0 to obtain the change in steam mass

flux as:

aGs . Gs,r T,
a—xls‘x = A—‘;lls’rl (3 121)

c) The heat transfer balance for the thermal resistance (Figure 3.18):
GS,TlrlAeA‘XiS,Tl = QS,S_CS (3. 122)

GS, X o

IS,.X'

Ts,x

EVAVAVAVAVEL
Rs =0

_Gs,x+Ax .
Is x+Ax V

T

s, x+Ax

Figure 3. 18: Steam-side thermal resistance
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3.3.2.2. Condensate-side elementary control volume

The condensate-side elementary control volume is illustrated in Figure 3.19.

GC,Q
c,&
Figure 3. 19: Condensate-side elementary control volume

a) The mass balance for the elementary control volume (Figure 3.19):
(GC,B - Gc,9+A9)Ar2AX = Gs,rlrlAeAx (3.123)

Divide with AxAr,r,A8, and take the limitas A8 — 0 to obtain the change in condensate

mass flux as:

aGc,H _ Gs,r1 61

= .124
d0 Ar, (3 )
Substitute Eq. (3.121) into (3.124) to yield the changes in steam mass flux:
G 0G.9 A
s e 2 (3. 125)

0x 00 An

b) The energy balance for the elementary control volume (Figure 3.19):
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Gs,rlrlAQAXis,rl + GC,9+A9ArZAXCpCTC,9+A9 = Qc,r2 + Gc,HArZAXCchc,H
That can be simplified as:

Gsr,11AOAXEs, — Q. = GegbradxCpTep — (Gep —
AG,g)AryAxCpe (T g + AT ) = AG, g ATy AXCycTe 400 —

GC’QATZ AXCpCATCQ

Substitute Eq. (3.123) into (3.127) and simplify

Qc,rz = AGc,BArzAX(is,rl - Cchc,9+A9) + GC,BATZAXCpcATCG

c¢) The heat transfer balance for the thermal resistance (Figure 3.20):

QC,G+A9—cm + Qc,cs—cm = Qc,cm—ti + Qc,cm—@

where
kcAxAB (Tes—Tem)
Qces—cm = — (Tithran)
Tl( T1 )
k AxAO(T,,, — Ty;)  k AxAO(T. — Ty;)
cem—ti = =

() )

Qc,9+A9—cm = Gc,9+A9Ar2AXCpc(Tc,9+A9 - Tcm)

Qc,cm—@ = GC,HATZAXCpc(Tcm - TC,H

81

@3.

@3.

@3.

@3.

@3.

@3.

@3.

@3.

126)

127)

128)

129)

130)

131)

132)

133)



Figure 3. 20: Condensate-side thermal resistance
d) Coupling of the elementary control volume to thermal resistance (Figure 3.19 and

3.20):
Qcecs—cm = Gs,rlrlAgAXis,rl (3.134)
Qcem—ti = Qcr,y (3.135)

e) The momentum balance of the elementary control volume (Figure 3.21):

The momentum balance was carried out to define the weighted mean temperature of the
condensate. Consider the control volume (r*AxA8) shown in Figure 3.21. The forces

acting in the control volume are due to buoyancy (Fg), gravity (F;) and friction which is

due to viscosity (F;).
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Figure 3. 21: Free body diagram for the control volume in the condensation film

The force balance for the free body diagram can be written as

pcg(r*Ax(ry + r*)AB)sin(0) = u, %(Ax(rl + r*)AO) +
(3. 136)
psg(r*Ax(r; + r*)AB) sin(H)

The changes of the condensate velocity over r* was achieved by dividing Eq. (3.136) by

(Ax(ry +1r*)AB) as:

duc _ 9(P.=Pg) _« .
P sin(8) (3.137)

(o

The condensate velocity profile inside the condensation film, can be obtained by

integrating the Eq. (3.137), so that at r; where r* = 0, Z;‘j =0 ,andatr, =71 + 8.9

where r* = 6.9, u. = 0, which led to the velocity profile of the condensate to be:

u (1) = ‘](’;C—l:fs)sin(e) 7*2 (3. 138)
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The mass flow rate of the condensate at the location &, where the film thickness is 6. g,
and was define as:

6c,9

G oAxd, g =f pcue(r)Axdr*
0

55,9
Ax(p, — 3. 139
_ Pegbx(pe — ps) £in(6) f e (3.139)
2p¢
0
Ax -
_ PegBx(pe = ps) . 0)6.5°

6Uc

The enthalpy transferred by the condensate as it flows through the cross section (Ax8g),
can be written as:

5c,9

GeoAxbcgCpcTem = cpcf pcuc(rH)T.(r*)Axdr” (3. 140)
0
Since the temperature profile within the condensation film in the radial direction was
assumed to be logarithmic, it can be expressed so that T, (r*) = T, at r;, where r* = 0,

and T,(r*) = Ty; at r,, where r* = 6. 9. Therefore:

. (Tcs - Tti) rt+r (Tcs - Tti) r*
T.(r*) =T, — 0., ln( m ) =T, — —5c9 In (r_1> (3. 141)
in (2522 n(52)

Therefore, Eq. (3.140) can be re-written as:
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56,6 \
_ gAx(pc - ps) . %2 (Tcs - Tti) T %
GC,BAx6C,6Tcm = pCZ—'uCSln(G) Of T | Tcs - mln (E)/l dr (3 142)
n
which can be simplified as:
Ax(p. — ps)Seq° T, T.s — Tt
Gc9AX5ceTcm — PcY (pc ps) c,0 Sin(e) les ( cs tl) (3. 143)
' ' 2u, 3 4
Combine Eq. (3.139) and (4.143) as
Ax —
pcgx(p, ps)sinw) 6 s T
6Uc
(3. 144)
_ pcgAx(p. — P5)6c,93 . Tes  (Tes — i)
= sin() |- -~ "t
2, 3 4

Therefore, the weighted mean temperature of the condensate in the condensation film is:

3 (T — T) (3. 145)

Tem = Tes — 4
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3.3.2.3. Tube wall-side elementary control volume
The tube wall-side elementary control volume and thermal resistance diagram are shown

in Figures 3.22 and 3.23, respectively.

Figure 3. 22: Tube wall-side elementary control volume

Tt,69+A6?

Qr, O+AG-tm
k fA LO+TAO

Tto
T
X
m(rz”’ 31/1*9/ DS
kO (rrAr; JAE/
Qr,rm-@ k fAr,@
I te

Figure 3. 23: Tube wall-side thermal resistance

a) The heat transfer balance for the thermal resistance (Figure 3.23):

Qt,ti—tm + Qt,9+A9—tm = Qt,tm—to + Qt,tm—e (3- 146)

where
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0 _ keAxAO(Tyi—Tem)
tti—-tm — Arg
To+—3
m<2_2>

T2

_ keArsAX(T9400 —Tem)

Qt,6+A6—tm - (rﬁ%)w

_ keAxAO(Tem—Tto)

Qt,t‘m—to -

AT3
r2t"

_ kebr3Ax(Tem—Tep)

Qt,tm—@ - (r2+A%)A9

(3. 147)

(3. 148)

(3. 149)

(3. 150)

b) Coupling of the elementary control volume to thermal resistance (Figure 3.22 and

3.23):

Qt,ti—tm = Qc,rz

Qt0+00-tm = Qt0+10

Qt,tm—to = Qt,r3

Qt,tm—e = Qt,e
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3.3.2.4. Water-side elementary control volume

The deluge water-side elementary control volume is presented in Figure 3.24.

G

w,0+AC
T
w,0+AC G

G,@

w
w,0

Figure 3. 24: Deluge water-side elementary control volume
a) The water mass balance for the elementary control volume (Figure 3.24):

(Guwp+86 — Guwp)ATAX = Gy, T, AOAX (3. 155)

Divide with AxAr,r, A8, and take the limitas A6 — 0 to obtain the deluge water mass

flux changes as:

aGw,G _ Gv,r4 Ts

3. 156
060 Ary ( )
b) The energy balance for the elementary control volume (Figure 3.24):
Qw,r3 + GW,9+A9Ar4AXCpWTW,9+A9
(3.157)

= (Qsy, + Gpr,TaAOAXI, . ) + Gy g ATy AXCYy, Ty g
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Let’s the heat transfer leaving the control volume to be @, ,,,, Which is the sum of sensible

and latent heat crossing the air-water interface.
Qw,r, = Qsr, + Gy, uAOAXI, ., (3. 158)

Substitute Q,,,,, into Eq. (3.157) and re-arrange terms.

Qw,m = Qw,r3 + (GW,B + AGW,H)Ar4AXpr(Tw,9 + ATWO)

— Gy, g ATy AXCpy Ty 9
(3. 159)
= Qw,r3 - Gw,HAnl»AXprATwH
+ AGW,GAT4AXprTw,9+A9
c¢) The heat transfer balance for the thermal resistance (Figure 3.25):
Qw,to—wm + Qw,9+A9—wm = Qw,wm—ws + Qw,wm—e (3- 160)
where
_ kwAxA8(Tro—Twm)
Qw,to—wm - ln(r3+Ar4‘1) (3 161)
3
k,AxAO (T, — Tws)  kywAxAO(Ty, — Tyys)
Qw,wm—ws = [ ( T, ) = n (T‘_4) (3. 162)
n T3+ Aryy T3
Qw,G+A9—wm = Gw,9+A9 (Ar4AX)CpW(TW,9+A9 - Twm) (3- 163)
Qw,wm—e =Gy (Anl»AX)pr(Twm - Tw,B) (3. 164)
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Figure 3. 25: Deluge water-side thermal resistance
d) Coupling of the elementary control volume to thermal resistance (Figure 3.24 and

3.25):
Qw,to—wm = Qw,r3 (3. 165)
Qw,wm—ws = Qw,r4 (3. 166)

e) The momentum balance on the water-side

The momentum balance of water-side control volume was carried out in the similar
manner as that of condensate-side control volume, and with aim of determining the

weighted mean temperature of the deluge water as:
5
Tywm = Teo — 3 (Teo — Tws) (3. 167)

3.3.2.5. Air - side elementary control volume

The air-side elementary control volume is shown in Figure 3.26, and the air was assumed

to be moist and unsaturated.
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Ga We+r6
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Figure 3. 26: Air-side elementary control volume
a) The water vapour mass balance for the elementary control volume (Figure 3.26):

Gy, uAOAX = GaATsAX[(1 + wging) — (1 + wp)] (3. 168)

Divide with AxArs15A8, and take the limitas A6 — 0 to obtain the change in humidity

ratio as:

dwg  Gyyr,1y

—_—= 3.169
69 GG.ATS ( )
Combine Eq. (3.156) and (3.169)
6(1)9 OGW 0 AT'4
= ' 3.170
69 69 GG.ATS ( )
b) The energy balance for the elementary control volume (Figure 3.26):
(Qs,m + Gv,r4r4A9Axiv,r4) = GaATSAX(ima,9+A9 - ima,H) (3 171)
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Substitute Eq. (3.158) into (3.171) and simplify

Qw,m = G ArsAXAi 40

(3.172)
c) The heat transfer balance for the thermal resistance (Figure 3.27):
Qsws—am = hasA0Ax(Ty,s — Tam) (3.173)
Quws—am = harsAOAXi, ., (Wgy, — W) (3.174)
Eqg. (3.158) can now re-written as:
Qw,r, = haTs808x(Tyys — Tym) + hgrsA0AXI, ., (Wsw — Wo m)
(3. 175)

= GoAT5AXAing g

Divide with AxArsr;A8, and take the limitas A6 — 0 to obtain the change in moist air

enthalpy as:
di 0 h Ty th5 .
glea = GaaATS (Tws - Tam) + mlv,m (wsw - (‘)G,m) (3- 176)

Ga Ogipg bpaoide Laone

Tam as, O+AG-O)

Ga’ w@-l—A@’ ima,@’ Ta,9

/ Wi a,o+ne.6

TWS

a Wg lma,@’ Ta,@
Figure 3. 27: Air-side thermal resistance

92



d) Coupling of the elementary control volume to thermal resistance (Figure 3.26 and

3.27):
Quws—am = Quo+10-6 (3.177)
Qsws-am = Us,0+20-6 (3.178)

3.3.3.Coupling of governing equations for Flat control volume
Some of the governing differential equations that describing the heat and mass transfer in
the vertical flat section of the tube were obtained by coupling and simplifying the

differential equations derived in sections 3.3.1.

3.3.3.1. Steam-condensate-side

Substitute Eqg. (3.52) and (3.65) into (3.70)

kchAZ(Tcs - Tcm)

=G
Ay, 1

$YV1

AzAXig,, = AG.,Ay,AXis,, (3.179)

Divide with AzAxAy, and let Az — 0 and re-arrange terms to obtain the changes in

condensate mass flux as:

dG,, _ kc(Tcs - Tcm)

= : 3.180
0z Ay,Ay; 11y, ( )

The condensation film thicknesses can be attained from Eq. (3.66) as:
kchAZ(Tcm - Ttl) _ kchAZ(TS - Ttl) (3 181)

AyZ,Z Ay,
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(Tcm - Tti)

A = A 3.182

V2,2 (T, — T,,) Y2 ( )
(Tcm - Tti)

A = Ay, ——=A 3. 183

V2,1 Y2 (T, — Tpy) Y2 ( )

Let the mass flow rate of the condensate per unit length Ax to be I'(z):

Gop6, = %ﬂ_ps)ag; = I'(@) (3. 184)
(o4

Therefore, the heat flux through the condensate film can be defined as:

F(Z) , _ kc(Tcs - Tti)

I = (3. 185)

Substitute Eq. (3.184) into (3.185) and integrate to obtain the condensate film thickness

as:

pcg(pc - ps) 2 A6c _ kc (Tcs - Tti)

o) - 3.186
21 “% Az 8¢,zisy, ( )
1/4
T..— Ty
= [8.uckc( cs .tl)Zl _ Ayz (3 187)
PcY (pc - ps)ls,yl

3.3.3.2. Tube wall
Combine Egs. (3.66) and (3.83) and re-arrange terms to obtain the tube wall mean

temperature as:
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2keAXAZ(T i —Tem) 2k AxAzZ(Tem—Tyy)
Ays Ay,

(3. 188)

kc Ay3

Tem = Ty — . Ay,
t 2

(Tem — Tti) (3. 189)

3.3.3.3. Deluge water-side
Combine Egs. (3.92) and (3.107), and simplify to get the changes in deluge water mass
flux over z-direction as:

AGy,, . Aw,Ays
Az % Az Ay,

(3. 190)

The deluge water film’s thicknesses were attained from Eqgs. (3.99), (3.99) and (3.102) as:

kwaAZ(Twm B Tws) _ kwaAZ(Tto B Tws)

AYas = Ay, (3.191)

Ays, = Hm (3.192)

Ay, = Ay, — HAM (3.193)
From Eq. (3.104) deluge water surface temperature can be obtained as:

KwAxAz(Tym — Tws) — Qus, (3. 10)

Ay,
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_ Qw,y4 A3’4,2

Tws = Twm = 7= 0
w

(3. 195)

3.3.3.4. Air-side
The changes in air humidity ratio can be attained by simplifying Eq. (3.115), dividing with

AzAxAys and let Az — 0 as follow:

haAzAXL, ), (Wsy — W) = GaAYysAXAw, iy, (3. 196)
00, _ _ha ) 3.197
9z Gghys "W “m (3.197)

3.3.4.Coupling of governing equations for Round control
volume

The additional governing equations that define the heat and mass transfer in the round-
end section of the tube were determined in the same way as that of vertical section.
Therefore, after the coupling and simplification of several equations derived in section

3.3.2, the following governing equations were achieved.

3.3.4.1. Steam-condensate-side

The changes in condensate mass flux was defined from Egs. (3.122), (3.124) and (3.130)
as:

6Gc,9 _ kc (Tcs B Tcm)

- r, + Ar
% (—1 2'1) ATy,
T'1 1

(3. 198)

The condensation film thicknesses can be attained from Eq. (3.131) as:
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k AxAB(T,,,, — Ty;) _ k AxAB(T,s — Ty;)
b B r
in (7”2 - A7”2,2) i (rl)

[

| 1
Arz'z == T2 I 1 -

1
|
(Tcm =T i) T
l exp ( Toe =Ty ™ (r_i)>J
Arz’l = Arz - AT‘Z,Z (3 200)
3.3.4.2. Tube wall-side

(3. 199)

From the combination of Egs. (3.131) and (3.147), the tube wall mean temperature was

obtained as:

keAxAO(T(i~Tem) _ kcAxXAO (Tem=Te)

Ar3 - T2
r2+—= ln(
ln<—2> r1+4rz,1
2

Ars (3.201)

3.3.4.3. Deluge water-side’

The changes in deluge water mass flux over angle 6 was obtained from Eq. (3.170) as:

E)ng _ (')a)g AT'5
90 % 90 Ar,

(3. 202)

The deluge water film’s thicknesses were attained from Eq. (3.162) as:
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ke AXAO Ty, — Tys) oy AXAB(Tyo — Toys)

T4 Ty
n (7”4 - A7”4,2) n (r3)
(3. 203)
A 1 1
Ty = T4l —
’ (Twm —_ Tws) L
wm — wst (24
l eXp( (Tto - Tws) " (T‘3) J
Ar4,1 = An]_ - AT'4,2 (3 204)

From Eq. (3.162) and (3.166) deluge water surface temperature can be obtained as:

k,AxA6(T,,, — Tys)
) = Qw,r4

(3. 205)

3.3.4.4. Air-side

The changes in air humidity ratio can be attained by combining and simplifying Egs.
(3.169), (3.174) and (3.177).

60)9 _ th'S

90 = m (wsw - (‘)Bm) (3 206)

3.3.5.Discretization of Governing Equations
The domain (tube), in Figure 3.28, was divided into discretized control volumes (grids) in

the z-direction for the vertical flat section, and in the transverse direction for round-end
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sections. The nodal/grid points were place at the center and face/ interface of the control
volumes as depicted in Figure 3.29 (a, b). The discretized equations were obtained by
integrating the governing differential equations over the corresponding individual control
volumes, and maintaining the conservation laws. The discretization of governing
equations enable the analysis of the local variation of every parameter easier (Corberan

et al., 2000).

S

SN

Hs
AZ
\\\ RS LY BN

Figure 3. 28: Air-flow over domain (tube)
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Figure 3. 29: Grid points network
The linear upwind differencing method was used to discretize the governing differential

equations. The linear upwind differencing scheme is the mostly common method used for
the convection dominated flows, because it provides the numerical stable solutions and

considers the flow direction (Suhas, 1980).
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Discretization of the governing equations of the i-th row/interval for the vertical flat

section of the tube is shown below. The subscript i of the index’s notation used in Figure

3.29 denotes the grid point index in the z-direction, and the number after a comma, denotes

the grid point index in the y- or transverse direction.

The height of each grid cell was determined as:

AZ == Ht/NT

where, H, is tube height and N,. is the number of intervals in the z-direction.

Qc,(i,2—1) = (Gc(i+1,2) - Gc(i—l,Z))AyZAXis(i,Z—l)

_ ke(i2)AxAz (Tc(i,Z—l) - Tc(i,Z))
Ay,,

(Getivr,) — Gei-12)) _ ke (Tetiz—1) — Teiz)
Az Ay, Ay 1isi2-1)

_ (Tei2) — Teiz-1))
(Teqiz-1) — Trz-1))

Ay, Ay,
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Qc,(i,2+1) = (Gc(i+1,2) - Gc(i—l,Z))AyzAX(is(i,Z—l) - Cpc(i,Z)Tc(i+1,2))

+ Go(i-1,2)8Y,8%Cpc(i2) (Terrz) = Teq-12))

3.211
= Qc,(i,z—l) + Qc,(i+1,2) - Qc,(i—l,z) ( )
_ ke(i2)AxAz (Tc(i,Z) - Tt(i,3—1))
Ay, ,
3
Tc(i,z) = Tc(i,2—1) - Z (Tc(i,2—1) - Tt(i,3—1)) (3- 212)
kegiz2) Ays
Tii3) = Te(i3-1) — kc l Av. (Teti2) — Teiz-1)) (3.213)
t(i,3) BY2
Qeiz+1) = Qt(i3-1) T Qei+1,3) — Qei-1,3)
. 214
_ 2kt (i,3)AxAz(Ty(i3) — Te(i3+1)) € )
Ays
Ays
Gw(i+1,4) — Gw(i-1.0) = Ga(Wa(i41.4) — Wa(i-14)) —— (3. 215)

Ay,

T o ov — T
Ay4,2 — ( w(i,4) W(l,4+1)) Ay4 (3 216)

(Teiz+1) — Twiias)
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Qw(i,4+1) = Qw(i,4—1) + Qw(i+1,4) - Qw(i—1,4)

_ k(i ayAxAz(Toia) — Tw(iasn))
Ay, o

= Qw(ia-1) — Gw(i—1,4)AY4AXpr(i,4) (Tw(i+1,4)
— Twi-14) + (Gw(i+1,9)

— Gy(i- 1,4))AY4AXpr(i,4) Tw(i+1,4)

Twia) = Tez+1) — 3 (Teizen) — Tw(iar)

Qw(ia+1)AV4,2
kw(iA)AxAz

Twa+1) = Tw(ie) —

h,Az
lma(1+1 5) — lma(t 1,5) + = G A (Tw(l 4+1) — a(i,S))

hdAZ .
+ mlv(i,s—l) (wsw(i,4+1) - w(i,s))
Qu(is-1) = hadxAz(Tya+1) — Taiis))
+ hgAxAziyg 51y (Oswias1) — Ois))

= GaAySAX(ima(Hl,S) - ima(i—l,S))

hdAZ
Wyz(i+1,5) = Wz(i-1,5) T GT (wswo 5-1) — w(i,s))

the tube is shown below. The angle of each grid cell was determined as:
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(3. 219)

(3. 220)

(3. 221)

(3. 222)

Discretization of the governing equations of the i-th row/interval for the round section of



A8 = /N,

where, 6 is angle of the round-end

section.

(Geivr2) — Gei-12)) B ke (Teiz-1) — Tei2))

AB N 7 + Ar _
ln (17'—12‘1) ATZ I'S(i,z—l)

[
I
I

1

AT2,2 = T2|1 -

ll exp < ((TC“’Z)

Tei2-1) — Tei3-1))

]
|
|
|
|
|

— Ty(i3-1)) In (7”_2)>
&1

Qc(i,Z—l) = (Gc(i+1,2) - Gc(i—l,Z))ArZAXis(i,Z—l)

ke nAxA0(Te(i2) — Teia-1))

Qc(i,2+1) = (

= (Gc(i+1,2) - Gc(i—1,2))ATZAX(is(i,z—l) - Cpc(i,Z)Tc(i+1,2))

+ Gc(i—l,Z)ArZAXCpc(i,Z)(Tc(i+1,2) - Tc(i—l,z))

= Qcgi+1,2) T Qciz—1) — Qc(i-1,2)

3
Tei2) = Teiz-1) — 7 (Teqiz—1) — Teciz—1))

In
kegi2)

4

Tii3) = Teiz-1) — ko)
t(i,3 ln<

7'2 ) (Teti) = Tetiz-1)
r+Ary,
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ki(1,3)AxA0 (Te(i3)~Te(i3+1))

Qt(i,3+1) = Qt(i,3—1) + Qt(i+1,3) - Qt(i—1,3) =

n rirg (3. 230)
T2+T
AT'S
Gw(i+1,4) — Gw(i-14) = Ga(a)e(i+1,4) - wG(l’—lA))E (3.231)
4
[ ]
Ary, =1y ! 1- ( - ) ! (3. 232)
Tw(ia) " Tw(ia+1)) ; (T4
l exp<(7"t(i,3+1)—Tw(i,4+1)) n(r3)>J
Qw(ia+1) = Qw(ia-1) T Qw(i+1,4) — Qw(i-1,9)
_ k(i ayAxA0 (T gy — Twiarn))
T4
in (T3 + Ar, 1)
(3.233)

= Qw(ia-1) — Gw(i-1,9) AT 8XCpy(i.4) (Tw(i+1,4)
= Twi-14) T (Guwii+1,9)

— Gy (i—1,4) AT AXCpu (1,0 Tw(i+1,4)
5
Tw(i,4) = Tt(i,3+1) - g (Tt(i,3+1) - Tw(i,4+1)) (3.234)

. _ T4
Quiissnin(rrs) (3. 235)
kw(i,4)AxA9

Twa+1) = Tw(ie) —
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. . hars
ima(i+1,5) = lmai-1,5) T G.br (Twiiasn) — Tatis))
a

(3. 236)
hars |
+ %lv(i,S—l)(wsw(i,4+1) - w(i,s))
Qu(is—1) = RaTs800x(Tyiav1) — Taiis))
+ harsAOAXT,( 5—1) (Wsw(iars) — ©s)) (3.237)
= GaArSAX(ima(Hl,S) - ima(i—l,S))
_ hdr5A9
Wo(i+15) = Wo-15) t (Wswiis—1) — W(is)) (3.238)
a r5

3.3.6.Solution of Governing Equations and Grid Dependency

A two-dimensional numerical model was analysed based on heat and mass transfer
analogy method, and following the procedures in Figure 3.30. The heat and mass transfer
analogy was found to be easier to use (Zou et al., 2016). Initially, the bundle’s geometric
parameters and the inputs parameters were given. Then, some of the output parameters
were guessed. The steam, water, and air properties were evaluated at steam, and mean
water and air temperatures, respectively. The dimensionless parameters
(Re,B.,Sc,N,,Sh) were computed, using correlations available in the literatures.

Sequentially, the heat, mass and overall heat transfer coefficients were calculated.
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Bundle geometric parameters. Guess:
Input parameters: Tao; wo; Twis Tws —
Tqi; wis RH; Tyyp; Py Vais Tt

Evaluate Evaluate Evaluate fluid
hgy, hy, by, U g1 Re, P.,Sc, Ny, Sh| ¢ nroperties
Cp; ks 15p

l

Evaluate:
Ay by Eq. (3.210); (3.216)
Ar by Eq. (3.225); (3.232)
AG,,, by Eq. (3.222);
AG,, by Eq. (3.238);
Q by Eg. (3.208); (3.211); (3.14); (3.217); (3.221)
Q by Eq. (3.2226); (3.227); (3.230); (3.233);

No

Converged
AG,,,, AG,,e and Q

Evaluate performance
parameters;
Q and AP,

Figure 3. 30: The general algorithm which describes the two-dimensional model solutions
procedures

The grid dependency of the two-dimensional numerical solutions on the grid cell sizes
was performed at same operating conditions that were used in one-dimensional model

validation, and as presented in the Table 3.1. The flow on the air-side was considered as
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shown is Figure 3.5. The manual grid dependency was carried out. The tube was divided
into several intervals/rows as indicated in Figure 4.29. The larger the number of the
intervals, the smaller the size of the grid cells, and variations in the numerical solutions.
Some of the calculated variables for both round-end (down and upper) and flat tube
sections were normalised and plotted against the number of intervals as shown in Figure
3.31 (a, b, ¢). From all Figures, it can be seen that the numerical solution started to be
stable at interval number 15, (N, = 15). Therefore, the solutions at this interval number
were taken to be two-dimensional model’s solutions, and were compared to one-

dimensional model’s solutions.
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Figure 3. 31: The grid dependency of the two-dimensional numerical solutions

3.3.7.Validation of Model

For the validation of the two-dimensional numerical model, its results were compared to
that of one-dimensional analytical model obtained from heat and mass transfer analogy
method as depicted in Tables 3.4 and 3.5. Both heat transfer rate and air-side pressure

drop yielded from one-dimensional model were found to be 4.83 % and 1 % higher than
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that of two-dimensional model. The differences between the solutions were primarily due
to the variation of air and water properties in two-dimensional model. Furthermore, the
drag coefficient (Cp) in two-dimensional model was computed by employing the equation
presented in Khan et al. (2004), while in one-dimensional the drag coefficient (Cp) was
obtained from the drag coefficient (Cp) — Reynold number (Rep) graph of Schlichting
(1979) as presented in Yunus and Afshin (2011). This might also lead to the discrepancy
in the air-side pressure drop values. Hence, with these insignificant differences it can be
concluded that, the two-dimensional model is valid for the analysis of the thermal
performance of a CDTB. Furthermore, it can be concluded that, using either model, will

not affect the thermal performance of a CDTB.

Moreover, the two-dimensional model results were compared to that of Angula (2015), in
which the modelling was performed under an assumption that the tube has flat ends, and
not round, and therefore, the governing differential equations were derived using
Cartesian coordinates, and were integrated over the entire tube height. The heat transfer
rate and the air-side pressure drop of the current model was found to be 1.9 % and 10%
high and low, respectively than that of Angula (2015). Therefore, it can be also concluded
that, considering the tube round ends to be as flat ends, does not have much impact the

thermal performance of the tube bundle.
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Table 3. 4: Comparison of one and two-dimensional model results as per section of the tube

Description Condensation Deluge Deluge Outlet air Outlet Air-side  Mass Heat Air-
heat transfer water inlet water temperatu  air heat transfer transfe side
coefficient temperature  heat re humidit transfer  coefficient rrate  pressur
transfer y ratio coefficie  (critical e drop
coefficien nt region)
T P A A
Units W/m? K °C W/m? K °C kg/kg W/m? K W/m?K w Pa

2D Heat and Mass
Transfer Analogy
Approach

17675.27 1825528  16.42 0.00857 33.13 0.03233 136.26

2D Heat and Mass
Transfer Analogy
Approach

32656.61 0.0173 479.87

2D Heat and Mass
Transfer Analogy 17420.63 ) 18122.34 ) 33.13 0.03262 143.93 24.69

Approach
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Table 3. 5: Comparison of average one and two-dimensional model solutions

Description ~ Condensation  Deluge water Deluge Outlet  air Outletair Air-side Mass Heat Air-side
heat transfer inlet water heat temperature, humidity heat transfer transfer  pressure
coefficient temperature, transfer ratio transfer coefficient  rate drop

coefficient coefficient  (critical
region)

Symbol h, T, h, T Wao h, hy Q. AP,

Units W/m? K °C W/m?K °C kg/kg W/m?K W/m? K w Pa

1D Heat and

Mass

Transfer 19850.83 43.83 14390.35 16.44 0.00871 23.53 0.02217 799.42 25.45

Analogy

Approach

2D Heat and

Mass

Transfer 22584.17 29.75 12406.72 16.42 0.00857 28.11 0.02742 760.83 25.22

Analogy

Approach
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Chapter 4: Design Optimization of Conventional
Delugeable Tube Bundle Thermal Performance

4.1. Introduction
This Chapter details the design optimization and geometric parameters adjustment of the

Conventional Delugeable Tube Bundles (CDTB). This was performed in order to identify
the best configuration for the HDWD second stages tube bundle (CDTB), as well as to
determine the overall size of HDWD that can replace the CD in an existing ACC system
of the local considered generating unit. The design optimization and dimensions
adjustment were conducted in two steps, and using the two-dimensional model. In the first
step, the optimization was performed and validated by comparing CDTB performance to
that of the Delugeable Round Tube Bundle (DRTB) presented in Anderson (2014) study,
which was the latest upgraded version of both Heyns (2008) and Owen (2013)’s DRTB,
and which later was modified by to Plessis and Owen (2020) to become a single-stage
HDWD. In the second step, the geometric parameters of the best CDTB configuration
from the first step were adjusted, so that they correspond to that of the first stage tube
bundle, which was constructed using the geometric parameters of the A-frame CD units
for ACC system of a local generating unit. The width, length and steam flow area for the
CDTB were adjusted and adapted based on the space created after the shortening of the
tubes of first stage from the original length of CD tubes. The heat transfer rate and air-
side pressure drop were used as critical performance measures during both optimisation

and dimensions adjustment.
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The identification of the HDWD’s configuration had been performed by several
researchers. In Heyns (2008) study, the geometric parameters of the first stage tube bundle
were determined by using the geometric parameters of the A-frame array CD unit. The
length of the finned tubes of CD unit was reduced from 7.52 m to 4.5 m in order to
accommodate the second stage multi-row horizontal round tube bundle of 10.8 m length.
Similarly, through the analytical evaluation, Owen (2013) identified the best second stage
tube bundle configuration of an induced HDWD. The critical performance measures used
were heat transfer rate, steam-side pressure drop and ejector loading. The configuration
that provided the high heat transfer rate, low steam-side pressure drop, and minimal
ejector loading was considered to be the best. Anderson (2014) incorporated Owen (2013)
best configuration tube bundle, however, during performance analysis the critical
performance measures were heat transfer rate and air-side pressure drop. Unlikely in
Owen (2013), the air-side pressure drop was not defined by employing Niitsu, Naito and
Anzai (1967) correlation as it was found to underestimate the pressure drop over the tube

bundle.

Since one of the main functions of the dephlegmator is to provide an additional vapour
flow, in order to avoid vapor backflow in the primary condenser units, a careful design of
the HDWD is essential. The vapor backflow in primary condenser units is mainly due to
row effects and inlet loss coefficient distributions (Smit, 2000). This occurs when the
pressure drop over two tubes of the same vapor pass are different. This shows that full
condensation has happened in the tube with the highest pressure drop. Therefore, the

dephlegmator should be designed to overcome the row effects and inlet loss coefficient
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distributions. If the dephlegmator consists of the multi-rows tube bundle, dephlegmator
itself can be subjected to row effects. Therefore, the ejector is required to remove the non-
condensable gases as well as eject adequate vapor to prevent backflow in the upstream
dephlegmator tubes row. The row effects can be eliminated by using the single-row tube

pass (Owen, 2013).

4.2. Tube bundle optimization

In most of the literatures, the heat exchangers or tube bundles performance optimisations
were based on the operating costs, which was defined through a comparison of pressure
drops of different alternatives. For this approach, the objective function is only taking into
account the operational costs parameters. However, for power plant heat exchangers
applications, this optimisation approach was found not to be adequate. Therefore, a
different approach that comprises of the objective function which influenced also by the
heat transfer ability of the heat exchanger should be used (McLellan, 2015). Different
response parameters or value of comparison have been used in several studies in which
heat exchanger optimisations were conducted. Catton (2010) used heat exchanger
effectiveness, pumping power and heat transfer rate as key and response parameters
during the shell and tube heat exchanger optimisation. This value was defined as heat
transfer divided by the pumping power per change in temperature. The heat generation

cost was used as a value of comparison by (Orozaliev et al., 2010).

Different optimisation techniques such as: Artificial Neural Network (ANN), global
sensitivity analysis, harmony search algorithm and Generic Algorithm have been used by

numerous researchers. Xie et al. (2007) used back propagation (BP) neural network
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algorithm to analyse the heat exchanger temperature differences and heat transfer rate.
Naphon and Arisariyawong (2018) and Reynoso-Jardon et al. (2019) used ANN approach
to evaluate optimal thermal design for heat exchangers. However, in Reynoso-Jardon et
al. (2019) study, the material type of a heat exchanger was considered as part of the
variables. The usage exploration of global sensitivity analysis and harmony search
algorithm for shell and tube heat exchangers design optimization was conducted by
Fesanghary et al. (2009). Generic Algorithm is one of the most commonly used
techniques. In this technique, the population comprises of several heat exchanger designs,
which consist of different values of all the considered design parameters (Catton, 2010).
Furthermore, Generic Algorithm was found having advantage over other techniques in
attaining numerous results of same quality, as well as providing quiet enhancement in the

optimal designs than traditional designs (Resat et al., 2006).

The objective of the design optimization was reached by maximining the heat transfer rate
and minimizing the air-side pressure drop, by ensuring that it is not exceeding the pressure
drop of similar delugeable tube bundles in the literatures to which it is being compared.
In addition to these key parameters, the available space for installation of the proposed

induced HDWD was also considered as a crucial parameter.

4.2.1.Design Evaluation Method

The heat exchangers can be analysed using two methods: the log mean temperature
difference (LMTD) and the effectiveness-number of transfer units (e-NTU) methods. The
LMTD method was employed during the CDTB thermal optimisation. The LMTD method

was found to be suitable for heat exchanger performance calculations (McLellan, 2015).
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Since, the outlet conditions were unknown, the values of outlet parameters were initial
guessed, and through iterative method, the final values were obtained. The optimization
of the CDTB thermal performance was performed by means of a validated two-
dimensional numerical model which was based on heat and mass transfer analogy method.
This model was well presented in Chapter 3. This model requires solution of both thermal-
based function and friction-based function. The steam temperature and pressure, deluge
water inlet flow rate, and all air operating inlet conditions were kept constant during
optimisation. For the condensate and deluge water, the bulk mean temperatures were
determined. The output parameters such as outlet air temperature, heat transfer rate and

air-side pressure drop were computed.

4.2.2.0ptimization validation and design variables
The optimization validation was accomplished by adapting the tube bundle’s geometric
parameters and operating conditions for DRTB presented in Anderson (2014). The frontal
area (7.172m?), steam flow area (0.368 m?), and fan power (476.58 W), were kept
constant and equivalent to that of DRTB. The deluge water mass flow rate was considered
to be seven and half times the evaporation rate similar to the one for the DRTB. The
considered DRTB is multi-row which is 2.87 m wide, 1 m high and 2.5 m long and its
performance data are 5.126 MW and 22.703 Pa, heat transfer rate and air-side pressure
drop, respectively. The row effects are believed to be the main cause of vapour flow back
in most of dephlegmators. According to Owen (2013), this can be eliminated by

considering the single-row bundle. Thus, in this study, the single-row CDTB configuration
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was considered, and the tube’s height was taken to be 1 m, which is equal to DRTB’s

height.

Since the outer size of the tube bundle was fixed, the pitch between the tubes was the only
variables that was considered, and varied, in order to determine the bundle’s tube number,
and tube outer width as well as the tube pitch that delivers optimum performance. The
tube pitches of 25 mm, 30 mm and 38 mm were considered and their effects on the thermal
design performance of the bundle were assessed. These tube pitches were selected based
on the recommendations in literatures (Kroger (2004), Heyns (2008), Owen (2013)). For
each tube pitch, the corresponding tube outside width and number of the tubes per row
were calculated. Furthermore, the heat transfer rate, air-side pressure drop and minimum
air flow area along the tube height in both entrance and fully developed regions were

computed.

4.2.3.Response parameters and algorithm

The response parameters or values of comparison were computed by Eq. (4.1), (4.2) and

(4.3).
Qr
AP,
Rp = AP; (4.2)

whereby (Q,/Qf) and (AP, /APf) are the heat transfer rate and air-side pressure drop ratios
of the DRTB and CDTB, respectively which were obtained as the tube pitch was varied.

Since the value of Q,. and AP. were constant and equal to that of DRTB, parameters R,
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and Rp decreased as Q and AP increased. However, since the objective of the
optimisation was to maximise heat transfer rate and minimise air-side pressure drop, for
optimum design, parameters R, and Rp should be high and low, respectively. This can be
achieved if the configuration of CDTB provides a high rate of heat transfer at a reasonable
air-side pressure drop. The Thermal Performance Index (TPI) was used to analyse the
overall performance of the CDTB by taking into account both thermal and hydrodynamic

performances.

TPI = /AP, (4.3)

where, € is bundle effectiveness and AP, is air-side pressure drop.

The solutions procedure used is described by general algorithm in the flow diagram,
Figure 3.30. Generic Algorithm was used since it was found to be one of the most common
used techniques (Catton, 2010). For each tube pitch, the corresponding tube outside width
and number of the tubes per row were calculated, and shown in Figure 4.1. As the tube
pitch increased, the tube outside width and number of the tubes per row were found to
increase and decrease, respectively. This means that, as the tube outside width increases,
the number of the tubes per row in bundle decreases. From Figure 4.2, it was found that
at small tube pitches, the heat transfer rate was higher in fully developed region than in
entrance region, and it was the opposite for larger tube pitches. This was due to the fact
that, the entrance tube height, as shown in Figure 4.3 increased with tube pitches.
Furthermore, at smaller tube pitches, the numbers of the tubes per row were many, which

led to large surface heat transfer area.
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Since, the steam flow area was constant and the numbers of the tubes per row were many
at smaller tube pitches, the outside tube width had to reduce in order to meet the targeted
value of the steam flow area. As shown in Figure 4.4, the air-side pressure drop was found
to decrease with tube pitch in both fully developed and entrance regions. This was due to
the fact that, at smaller tube pitches, the minimum airflow area was smaller which led to
higher air velocity in the channel/ minimum airflow area, and subsequently to higher air-

side pressure drop (Figure 4.5).

o
w

28 1] — B =P
£ 1 Tube wall - 025 &5
- thickness: S 2
R g t, = 1.5 mm - 02 A c
o 2 11 ¢ o
53 L 015 5 &
2% 10 T, =62.314°C P 2s
s T, = 15.425 °C i g
&> 9 \x*‘“‘ RH=60% 01 £§
T2 8 L 005 B
@~ £ o
ET 7 ; ; ; . o ==

[l <

<L 0.13 0.33 0.53 0.73 0.93 1.13
Tube Height, H, [m]
38 mm, fully —e— 25 mm, fully 30 mm, fully
—a— 38 mm, crit. 25 mm, crit. —»— 30 mm, crit.

Figure 4. 4: Air-side pressure drop along the CDTB height at different tube pitches

As indicated in Figures 4.6 and 4.7, both heat transfer rate (Q,./Qf) and air-side pressure
drop (AP./APy) ratios were found to increase with tube pitch. The maximum deviations
between DRTB and conventional CDTB data were 52 % and 55 % for heat transfer rate
and air-side pressure drop, respectively as presented in Figure 4.8. At tube pitch 28 mm,
the deviations between the bundle’s data for both heat transfer rate and air-side pressure

drop were the same and equal to 36 %.
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Furthermore, the bundle effectiveness was found to decrease as the tube pitch increased,
as depicted in Figure 4.9 together with air-side pressure drop. As a result, the TPl was
found also to decrease as the tube pitch increased, Figure 4.10. This indicates that, the
effectiveness was a dominant in determination of TPI, and the CDTB performs better at
smaller tube pitches; however, this comes at the cost of high air-side pressure drop.
Therefore, it can be concluded that, the tube pitch has a significant effect on the bundle’s

performance.
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Figure 4. 6: Tube pitch effect on the heat transfer rate ratios of DRTB and CDTB
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4.2.4.Tube Bundle Selection

It was found out that, the small tube pitches deliver high performance than large pitches.
Since, the CDTB air-side pressure drop was lower than that of DRTB even at small tube
pitches, where the air-side pressure drop was high, the chosen CDTB configuration has a
tube pitch of 25 mm. Furthermore, the TPI of the bundle was also found to be higher at

small tube pitches.

The chosen CDTB configuration (here after referred as CDTB ‘1°) has a height, length
and width of 1000 mm, 2500 mm and 2870 mm, respectively. It consists of 115 number
of tubes per row of 3.22 mm and 6.23 mm inside and outside width, respectively. The heat
transfer rate and air-side pressure drop of the chosen CDTB configuration were found to
be 31 % and 25 % lower than that of DRTB. The tube layout and dimensions of the CDTB

‘1’s configuration are illustrated in Figure 4.11.
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Figure 4. 11: The tube layout and dimensions of the CDTB ¢1’s configuration

4.3. Dimensions Adjustment of the CDTB <1’
Configuration

The HDWD was designed in such way that it can replace the CD of an existing ACC

system coupled to a 30 MW steam turbine of the local generating unit. The proposed
HDWD should be able to perform the duty of the CD for an existing ACC system.
Therefore, as shown in Figure 4.12, the CD geometric dimensions were used to configure
the first stage tube bundle as well as the second stage tube bundle (CDTB) of the induced
HDWD, and ensure that flooding in the first stage is avoided.
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Figure 4. 12: Schematic diagrams of CD and induced HDWD

The considered generation unit consists of three (3) ACC “streets” which are in an A-

frame shape with 30° half-apex angle. Each “street” comprises of three (3) A-frame
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primary condenser units (condensing units) and one (1) A-frame CD (secondary
condenser) unit. Each primary condenser and dephlegmator units consist of six (6) tube
bundles, three (3) on each side of A-frame. By excluding the fixtures and supporters,
dephlegmator tube bundles are 2320 mm wide, 293 mm high and 6440 mm long as shown
in Figure 4.13. Each bundle consists of 183 elliptically core tubes with rectangular fins
threaded on, and are arranged in three rows. The row | has 47 tubes, row Il has 37 tubes
and row I1l has 57 tubes, which are installed at fin pitch of 4 mm, 3 mm and 2.5 mm,

respectively (GEA, 1978).

/_,,-Non-condensable
} ejector

_~Finned
/// tube bundle

Steam duct

Air flow in Air flow in

Figure 4. 13: Geometric parameters of CD for ACC system coupled to 30 MW steam
turbine

The CDTB ‘1’ design was found to be characterized by the following parameters: bundle
width, length, height, and steam flow area, as well as by the tube pitch, width, length, and
height. These geometric parameters were adjusted accordingly. The considered values for

these parameters, are presented in Table 4.1, and were selected mainly based on the
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geometrical dimensions of the existing CD, and suggestions and recommendations from

literatures (Heyns (2008), Owen (2013), Anderson (2014)).

Table 4. 1: Design parameter values for the CDTB optimization

Design parameter Unit value

Tube bundle Width mm 2320; 2870; 4640

Tube bundle Length mm 2500; 3178; 3838

Tube bundle steam flow area  m? 0.142; 0.284; 0.426; 0.368

4.3.1.Tube Bundle Width Adjustment
Since, the CDTB ‘1’ was connected in series to the first stage tube bundle, it was wise to
ensure that the CDTB ‘1’ width was adjusted and corresponding to that of first stage tube
bundle. The size for the first stage tube bundle was taken to be the same as that of existing
CD’s tube bundles, but, with shortened tubes, in order to create a room for the second
stage bundle (CDTB). Therefore, the effect of the tube bundle width on the CDTB ‘1’
performance was investigated, by considering three (3) tube bundle widths: 2320 mm,
2870 mm and 4640 mm, which are equivalent to first stage tube bundle width, Anderson
(2004) tube bundle width, and two times the first stage tube bundle width, respectively.
The rest of the CDTB ‘1’ geometric parameters were kept constant as shown in Figure

4.11, while the deluge water flow rate was considered to be equal to evaporation rate.

From Figure 4.14, the number of tubes per row, as well as the air frontal area were found
to increase with tube bundle width. This results in larger surface heat transfer area and air
mass flow rate into the bundle. As a consequence, the heat transfer rate was also found to

increase with tube bundle width as depicted in Figure 4.15. In addition to that, the heat
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transfer rate decreases along the tube bundle height in both entrance and fully developed
regions as presented in Figure 4.16 for different tube bundle widths. This is due to the

increasing of the air temperature, as it flows through the bundle.
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Figure 4. 16: Heat transfer rate along the CDTB ¢1° height at different tube bundle widths

As shown in Figure 4.17, the air minimum flow area between the adjusted tubes was found
to increase with bundle width. This is due to the fact that, during the analysis, the tube
pitch was kept constant. This results in decrease of air-side pressure drop as illustrated in
Figure 4.18. Along the tube bundle height, the air minimum flow area between the
adjusted tubes, was found to slightly decrease in both entrance and fully developed regions
as presented in Figure 4.19 for different tube bundle widths. This is due to the fact that,
the deluge water film thickness was found to decrease against the height. Therefore, as
shown in Figure 4.20, the air-side pressure drop was found to slightly increasing in fully

developed region.
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As it is illustrated above, the heat transfer and air-side pressure drop were found to
increase and decrease, respectively with the tube bundle width, which is a desirable aspect.
However, at same, the outside tube width and number of tubes per row were found to
decrease and increase, respectively with the tube bundle width. Too many tubes in the
bundle and too small outside tube width may lead to high manufacturing and construction
costs, and large space for the installation. Therefore, the CDTB ‘1’ configuration with
2320 mm width, (here after referred as CDTB ‘2”), as depicted in Figure 4.21, was selected
for further design adjustment. However, with noting that as the CDTB 1’ width changed

from 2870 mm to 2320 mm, the heat transfer rate and air-side pressure drop decreased

2.87 m, fully

2.87 m, crit.

widths

and increased by 15 % and 20 %, respectively.
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Figure 4. 21: The tube layout and dimensions of the CDFB ¢2’s configuration
4.3.2.Tube Bundle Length Adjustment

The tube bundle length was adjusted in order to assess its impact on the thermal
performance of CDTB 2’, as well as to determine the length of both first and second
stages tube bundles of HDWD. Therefore, as above-mentioned, the length of tubes of the
CD was reduced to create space for the CDTB. The CDTB ‘2’ was placed at three different

positions (A, B, C) as indicated in Figure 4.18.

e Position A - the base of CDTB ‘2’ was placed at the end of CD finned tubes,

e Position B - the length of first stage tubes was equal to 4.5 m, as it was considered
in Heyns (2008) and Owen (2013),

e Position C - the CD finned tube length were shortened by 40.2 % as it was

considered in Andersons (2014).

For each position, the new lengths for the CDTB “2°, as well as for the first stage tube
bundle were determined as indicated in Figure 4.22 and summarised in Table 4.2. The

defined new lengths for the CDTB ‘2’ were then used in performance analysis.
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Figure 4. 22: Different positions of CDTB ¢2’

Table 4. 2: Summary of bundles dimensions at different positions

Position First stage tubes Second stage tubes length Reduced CD
length, mm (CDTB), mm length, mm

A 5178 2500 1262

B 4500 3178 1940

C 3840 3838 2600

From the results shown in Figures 4.23, the heat transfer rate increased with tube bundle
length. This is obvious due to the fact that, increasing of the tube bundle length results on
larger heat surface area. However, along the tube bundle height, in both entrance and fully
developed regions, the heat transfer rate was found to decrease as shown in Figure 4.24
for different tube bundle lengths. Figure 4.25 shows that, the air-side pressure drop
decreased with tube bundle length. This is due to the fact that, the air minimum flow area
was found to increase with tube bundle length as presented in Figure 4.26. However, as

depicted in Figure 4.27, along the tube bundle height, the minimum air flow area was
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found to decrease, which is resulted on slightly increase of the air-side pressure drop along

the tube bundle height as shown in Figure 4.28.
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Figure 4. 23: Tube bundle length effect on heat transfer rate for CDTB <2’
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Figure 4. 24: Heat transfer rate along the CDTB “2° height at different tube bundle lengths
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Figure 4. 28: Air-side pressure drop along the CDTB 2’ height at different tube bundle
lengths

As it is presented above, the heat transfer and air-side pressure drop were found to increase
and decrease, respectively with the tube bundle length, which is a desirable aspect.
Therefore, any of the considered tube bundle length can be selected. Hence, the CDTB 2’
configuration (here after referred as CDTB “3’) attained for position B was selected. For
this position, as the bundle length changed from 2500 mm to 3178 mm, the heat transfer
rate and air-side pressure drop increased and decreased by 21 % and 13 %, respectively.
For position C, an increasing and decreasing of 40 % and 23 %, for the heat transfer rate
and air-side pressure drop, respectively were achieved. However, for this position, the
length of first stage tube bundle was found to be too short, which may result in insufficient
performance of the bundle, and overloading of the second stage bundle at high ambient

air temperature (Owen, 2013). The CDTB ‘3’ is illustrated in Figure 4.29.
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Figure 4. 29: The tube layout and dimensions of the CDTB ¢3’s configuration

4.3.3.Tube bundle steam flow area adjustment
The effect of the steam flow area on the CDTB 3’ thermal performance was examined by
considering four (4) steam flow areas. The first steam flow area (A1) is equal to the first
stage tube bundle steam flow area, which is equal to steam flow area of an existing CD
tube bundle: Agq = 0.142m?%; Ay =2 X Agq;  Agz =3 XAy and Ag, =
Andreson (2014). As indicated in Figure 4.30, as the steam flow area increased, the
overall heat transfer rate was found decreasing. Figure 4.31 shows that, along the tube
bundle height, the heat transfer rate was found slightly increasing in fully developed
region, and slightly decreased in entrance region, which resulted in overall heat transfer
rate to decrease as the bundle steam flow area increased. Since, the tube pitch was fixed,
the minimum air flow area was found to decrease as the steam flow area increased, which
resulted in increasing of air-side pressure drop as presented in Figures 4.32. The effects
of the steam flow area on the minimum air flow area is shown in Figure 4.33. As depicted
in Figure 4.34, along the tube bundle height, the minimum air flow area was found to

slightly increase in the entrance region and slightly decreasing in fully developed region,
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which resulted in slightly decreasing and increasing of the air-side pressure drop in the

entrance and fully developed regions, respectively as shown in Figure 4.35.
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Figure 4. 31: Heat transfer rate along CDTB ‘3’ height at different steam flow areas
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Figure 4. 35: Air-side pressure drop along CDTB “3’ height at different steam flow areas

As illustrated above, the high heat transfer rate and low air-side pressure drop were
attained at smaller steam flow areas. Moreover, as the bundle steam flow area reduced
from 0.368 m? to 0.142 m?, the heat transfer rate and air-side pressure drop increased and
decreased by 0.3 % and 11 %, respectively. However, as depicted in Figure 4.36, the
outside tube width decreased with steam flow area, thus at A, = 0.142 m?, the outside
tube width was 4.5 mm, which may lead to manufacturing complications or the tube may
be regarded as microchannel tube (Ozdemir, 2006). Therefore, further geometric
adjustment was required in order to attain the reasonable outside tube width. For that
reason, the tube height was adjusted until the reasonable outside tube width was achieved.
At constant steam flow area (4,.; = 0.142 m?), as the tube height decreased, the outside
tube width increased, as illustrated in Figure 4.37. Hence, to outage the manufacturing
complications, the tube height of 300 mm, which resulted on outside tube width of 6.95
mm was selected. Therefore, the bundle obtained when the steam flow area of CDTB 3’
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was equal to that of the first stage bundle (4,.; = 0.142 m?) and tube height is 300 mm

was selected, and is presented in Figure 4.38.
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Since the performance of HDWD incorporated with CDTB is to be compared to that of
CD of an ACC system coupled to a 30 MW steam turbine, at local generating unit, and its
performance is also to be analysed at the operating conditions for that ACC system, it was
advised to perform a performance analysis of the CD prior to that of CDTB and HDWD
incorporated with CDTB. Thus, in the next Chapter, a performance analysis of the CD

was conducted and presented.
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Chapter 5: Analysis of Conventional Dephlegmator
Thermal Performance

5.1. Introduction
This Chapter provides the development and validation of a mathematical model of a direct

air-cooling generating unit’s cold-end system coupled to 30 MW steam turbine.
Furthermore, the sensitivity of the ACC performance to the high ambient air temperature,
and the fan rotational speed, as well as outlining of the CD performance, are also presented

in this Chapter.

Energy efficiency of a thermal power plant strongly depends on its boiler-condenser
operation conditions; however, this study focused on the dependence of the power plant
performance on the condenser operation conditions. The condenser creates a vacuum
which extracts more steam from low pressure turbine exhaust, and thus create a natural
suction phenomenon. The condenser reduces the turbine exhaust pressure and increase the
specific output of the turbine (Masiwal et al., 2017). Moreover, the performance of the
power plant is mainly depending on the cold-end system of the steam turbine (Lakovic et
al., 2010), which comprises of the last stage of the turbine, ACC, ambient air, and the air

ejection system, whereby, the ACC is the key component.

The maximum generated power and the heat transfer rate are mostly impacted by the ACC
operating conditions, which is determined by the operating conditions of the cooling
ambient air. ACC performance depends on its air-side and steam-side characteristic
parameters, as well as on condenser design, latent heat amount to be removed,

maintenance of the condenser, and the air ejection system. The air-side characteristic
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parameters include: ambient air flow rate (fan rotational speed) and temperature; air-side
pressure drop; and heat transfer coefficient. While, steam-side characteristic parameters
include: condensing temperature and pressure, steam-side pressure drop, steam flow rate

and condensation rate.

The turbo-generator can be turbine-follow mode or boiler-follow mode controlled.
However, according to Putman and Harpster (2000) the effects of the condensing pressure
in both modes are similar. In the turbine-follow mode-controlled power plant, the
generator load is controlled by turbine governor. So, in order to maintain the steam
parameters at the turbine throttle as close as possible to their design values, the fuel firing
rate and other parameters are adjusted by steam boiler control system. Therefore, the
condenser pressure rise will result in enthalpy rise and enthalpy change drops at the end
point or turbine exit. However, in order to maintain the generated power at the designed
level, the throttle and exhaust flows will be increased by turbine governor. As a
consequence, the fuel firing rate will be increased by steam boiler control system. This
leads to the increase of the specific heat rate of the turbo generator unit (Lakovi¢ et al.,
2010). However, high fuel firing rate increases the fuel consumption rate, and operational
cost of the plant. Otherwise, without corrective measurements, condenser pressure falling
leads to the reduction of generated power and the heat transfer rate. Therefore, the plant
should operate at the optimum air flow rate, which depends on ambient air temperature

and power demand (Kromhout, et al., 2001).

The content of this Chapter is focused into three aspects: Firstly, the mathematical model

of a direct air-cooling generating unit’s cold-end system was developed. This includes the
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models of steam turbine low pressure cylinder, array of axial fans and ACC. The ACC
model comprises of energy, draft and steam-side pressure drop equations. The complex
relations among the components of the cold-end system were also emphasized. Secondly,
the developed mathematical model of cold-end system was validated by comparing its
results to the design parameters of the considered generating unit. Finally, the sensitivity
analysis was carried out in order to quantify the impacts of the high ambient air
temperature, and the fan rotational speed on the ACC performance, generating unit output
power, and efficiency loss due condenser performance. This was conducted at maximum
plant load.

5.2. Description of the considered direct air-cooling
generating unit

The ACC system coupled to a 30 MW steam turbine of a local direct air-cooling
generating unit which is situated in Windhoek City was considered, and its design

parameters are presented in Table 5.1(GEA, 1978).

Table 5. 1: Design characteristics for the generating unit

Parameter Unit  Value
Nominal power MW 30
Minimum stable load MwW 11
Number of revolutions RPM 3000
Live steam pressure Bar 62.83
Live steam temperature °C 482
Live steam flow kals 33.33
Turbine vacuum kPa 13.1
Exhaust steam flow at LP cylinder kals 26.39
Exhaust steam pressure kPa 19.62
Exhaust Steam enthalpy at LP cylinder kJ/kg 2395
Exhaust steam content % 91.3
Number of extractions ports - 5
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As shown in a schematic diagram in Figure 5.1, the considered generating unit comprises

of drum boiler type and a single shaft direct air-cooling condensing steam turbine.

Boiler Turbine stages
Super-heaters G ;
enerator
HP LP 30 MW
HP
heaters
Dearator I I
l ACC "streets”
Feed Condensate tank
pump
h LF; Extraction
eaters pUMP

Figure 5. 1: Schematic diagram of the considered generating unit
The saturated steam produced in the boiler is superheated in the primary and secondary

super-heaters to high pressure and temperature. This steam is initially partially expanded
in the High Pressure (HP) turbine stage, and further expanded to the ACC’s pressure in
Low Pressure (LP) turbine stage the steam. In ACCs the steam is condensed to liquid by
the air provided by forced draft axial fans, there-after it is piped to the condensate tank
before it is pumped to the feed water heaters. The boiler feed water is pre-heated in the
feed water heaters by the steam which is extracted at different turbine ports. This enhances
the cycle thermal efficiency. The design data for ACC unit are depicted in Table 5.2 (GEA,

1978).
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Table 5. 2: Design parameters for the ACC unit

Parameter Unit  Value
Maximum Condenser heat MW  63.44
removal rate

Cooling air temperature °C 322
Alr pressure kPa 82646

Power consumption at fan shaft kW 600

Furthermore, each “street” has four (4) axial fans, whereby three (3) fans are supplying
air to primary condenser units and one (1) is supplying air to dephlegmator unit.
According to the operating manuals (GEA, 1978), the fan speeds for all primary condenser
units are set at same value, however, the speed of dephlegmator unit fan should not be
lower than that of the condensing units. The fan design performance characteristics are

depicted in Table 5.3.

Table 5. 3: Fan design performance characteristics for the ACC’s unit

Parameter Unit  Value

Fan type - 6 300 PFS/6
Volumetric flow rate m3%s 256

Static pressure Pa 100

Power consumption kw 46

Speed rpm 182

Both primary condenser and CD units are comprised of tube bundles, which consist of
elliptically core tubes with rectangular fins threaded on and are arranged in three rows.

The ACC geometrical characteristics are presented in Table 5.4.

Table 5. 4: ACC geometrical characteristics

Parameter Unit Primary _ CD Unit
condenser Unit

Transversal pitch mm 38 38

Longitudinal pitch mm 42.5 42.5

Tube length mm 7200 6440

Tube height mm 55 55

Tube width mm 18 18
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Tube thickness - 1.7 1.7

Number of tube rows per condenser unit - 3 3
Fin pitch per row mm 4;3;2.5 4;3;25
Tube bundles per condenser unit - 3 3
Tube bundles per “street” - 9 3
Tube bundles per ACC unit - 27 9
Tube bundles width mm 2320 2320
Tube bundles height mm 293 293

5.3. Cold-end System Mathematic Modelling
5.3.1. Direct ACC Modelling

A detailed performance evaluation of the ACC was conducted in order to outline the
performance of the CD of the ACC unit, which is the component of interest. The CD’s
performance was compared to the proposed HDWD in order to signify how HDWD can
improve the ACC’s performance during the hot periods. Furthermore, the effect of ACC’s
performance on the turbine power output was outlined. The ACC of the considered
generation unit, comprises of primary and CD. In order to analyse the performance of the
CD units, the performance of the primary condenser units should be performed first. The
conditions of the steam at the exit of the primary condenser units was considered as the

steam conditions at the inlet of the CD units.

The model for ACC was adapted from model presented in Kroger (2004). This model was
evaluated based on UA-AMTD and Effectiveness-NTU methods. The heat transfer
performance calculations of an ACC require simultaneous solution of the energy and draft
equations. The calculations were performed through iterative solution procedure, where
the initial values were guessed and iterated until they converged. The steam at both
entrance and exit of ACC is in two-phase region; therefore, dryness along the ACC tubes
was employed as a crucial variable to define the dynamic condensation process of the
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steam. The adapted model was adjusted based on the Figure 5.2, which shows the typical
ACC tubes rows allocated between the dividing and combining headers. The steam-side
performance parameters for each tube row were defined at different locations of the tubes

as labelled i, ii, iii and iv, whereas tube rows are labelled as 1, 2 and 3 in Figure 5.2.

Dividing
header

Combining iv
header

Figure 5. 2: Tubes rows between the dividing and combining headers

5.3.1.1. Energy equation

In ACC, the heat is transferred from the condensing steam inside the inclined tubes to the
ambient airflows over the tubes. Therefore, the energy equation formulates the heat

transfer rates balance between the air- and steam-sides is:

Ny nr
Q= Z MaCpa(i)(Tao) ~ Tain) = Z Me(i)irg
i=1 i=1

(5.1)

nr

= Z MaCpaciyes(Tom@) — Tai)

=1
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where i in this case represents the tube row number (1,2,3), m, is the mass flow rate of

the ambient air flows through the ACC tube bundle, Tg;(;y and Tg,(;) are the air inlet and
outlet temperatures, respectively, m, is the condensation rate, and e(;, is the ACC finned

tube bundle heat transfer effectiveness, which was determined as:

e —1—exp<—ﬂ> (5.2)
® macpa(i) .

where UA(;, is the overall heat transfer coefficient between the steam and the air.

-1
1 1
® (hae(i)Aa(i) hc(i)Ac(i)>

Krdger (2004) proposed the formula for determining experimentally the air-side thermal

conductance for a specific finned tube as:

_ 1/3
hae(iyAai) = Ny Kai) A Pragi) (5.4)

where N, is the determined experimentally characteristic heat transfer parameter and its

given form is:
b
Ny = aRy (5.5)
where R,, is the characteristic flow parameter and defined as:

Ry(i)y = May/Ha(i)Arr) (5.6)
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where Ag,(;) is the effective frontal area of ACC tube bundle. The condensation heat

transfer coefficient for inclined tubes was defined by Groenewald (1993) correlation as:
hegy

0.25
[ Ltkg(i)pg(i)gcos(H)ifg(i) ] 6.7)

Uc(i)HtLtA(i)>”
MatCpali)

= 0.9245
l#c(i)ma(i)cpa(i) (Tvm(i) - Tai(i)) [1 — exp (—

The air temperature at the exit of the ACC tube bundle can be defined from Eqg. (5.1) as:

Taoty = Taiciy + €y (Tomi) — Taiciy) (5.8)

5.3.1.2. Draft equation

The draft equation signifies the losses of mechanical energy that the air experiences as it
flows through the ACC’s tube bundles. These losses should be overcome by the additional
mechanical energy supplied by the fan. The fan performance characteristic was used to
determine the amount of mechanical energy to be added by the fan. This was achieved by
employing the fan static pressure to the volume flow rate of air curves. The air-side loss
over the ACC unit generally consists of losses over the ACC tube bundles, however, the
obstacles up- and downstream of the bundles and fan, also add some losses (Owen, 2013).

The air-side losses over the ACC tube bundles were defined as:
Apps — (Apts + Apup—do) = Ap, (59)

Apg, = Kthamvc%m/z (5-10)
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mg \? (5.11)
Apps = KFS( )

where Apts and Apupido, are the losses over the unit tower supports and obstacles up- and
downstream of the fan respectively. Krg, np and A, are static loss coefficient, number
of fan and fan casing area, respectively. While, p,,, and v,,, are the mean air density and

velocity through the bundle, respectively.

For a forced draft system, the Kot is expressed as:

Z(pai - pao)

Kg = K +
‘ he O'rim (pai - pao)

2Pq0 1 1
-1 -1 2K°-5) 5.12
* (Pai — Pao) (sin Om ) (sin O T ek (5.12)

2.Dai (de + Ko)
(pai - pao)

where Khe is the loss coefficient for normal isothermal flow through the finned-tube
bundle which consider the contraction and expansion losses through the bundle. Kaj takes
into account the losses due to the turbulent decay of the jet after the bundles, while Ko

takes into account losses during the final mixing process as the flow leaves the ACC

(Owen, 2013).
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5.3.1.3. Steam-side pressure drop
The steam-side pressure changes as steam is condensed. This is due to condensation
process and the effects of the frictional, momentum and gravitational force through the

condenser tubes as shown in Eq. (5.13).

Aps = Apst + Apy, + Apy (5.13)

where, 4psis the elevation head pressure drop; 4pmis the momentum pressure term. This
is a momentum recovery for condensing steam flows, because at the inlet, the steam is
less- dense, therefore, its kinetic energy is greater than that of the more-dense liquid
condensate at outlet. Apr is the pressure drop due to friction, which normally defined by
employing the empirically-based models. According to O’Donovan and Grimes (2015),
the momentum recovery can reduce the pressure drop through the tube bundle by
offsetting the frictional losses. However, this phenomenon is always not a case, because

different empirical models showed inconsistent results.

The excessive frictional pressure loss may result on the limitation on the vacuum level
obtained at turbine outlet, which can lead to plant output reduction (O’Donovan at el,
2012). Additionally, extreme pressure drop decreases the temperature difference between
the saturated steam and ambient air (AT = T,,, — T,;). This is because the temperature
and pressure of the saturated steam flowing through the condenser tubes are co-dependent.
Low AT in ACC can badly affect the ACC heat transfer characteristics. According to Palen

(1993) through Donovan et al. (2012), the overall change of condenser steam-side
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pressure should not be greater than 20 % of the operating pressure. The momentum and

gravitational/ static pressure drop are given respectively as:

Apst = ppiigLe sin 0 (5.14)

Apm = Puii Wi — Vi) (5.15)

Regardless, multiple studies conducted to determine friction pressure drop in two-phase
liquid-vapor flow, no accurate method or analytical model was yet to be found (Donovan
et al., 2012). Most of the available models are based on the experimental approach, and
therefore they were developed for a particular set of fluids/flow conditions/geometries.
For that reason, these models perform and predict the pressure drop well only on limited
range of the database which corresponds to the conditions in which they were established.
Therefore, the inconsistence of about 50% was found between some empirical models
(Moreno et al., 2003). In attempt to validate the most applicable model, Lockhart and
Martinelli (1949) theoretical two-phase pressure drop models was compared to the
experimental value. In general, the results agreed however, at higher steam flow rates there

were some discrepancies (Donovan et al., 2012 and O’Donovan and Grimes, 2015).

Therefore, in this study, the equation used in Honing (2009) study to calculate the pressure
difference in ACC tubes between dividing and combining headers was adopted. This
equation was initially derived by Krdger (2004). However, Kréger (2004) assumed the
complete condensation of all the steam entering the tubes, which was not a case in Honing

(2009).
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, dz
def = fpePvVy 2d. (5.16)
e

where fp. is interfacial friction factor which is determined as:
foe = fo(ai + az/Rey) (5.17)
By integrating Eq. (5.16) over the entire tube length, it became:

pr =
Priids (Rey; — Rey) 12.75

2.75 2.75
(Reviii — Regj;

(5.18)
a

+ 175 \euiii vii

(Re1'75 _ Re1275)]

where deis the hydraulic diameter of the tube, and value a; and a; are expressed as:
a; = 1.0649 + 1.0411 X 107 3Re,,,, — 2.011 x 1077Re3, (5.19)
a, = 290.1479 + 59.3153Re,,, + 1.5995 x 10~2Re3, (5.20)

This equation neglects the changes in thermos-physical properties. It is believed that vapor
laminarization of the flow during condensation tends to occur at Rey <2300; however, this
has a less effects on the friction pressure drop in practical ACC tubes (Krdger, 2004). The
Reynolds number normal to the surface are defined as:

Re.. — RewiiWe  ReviiWy
= oL 2L,

(5.21)

And the local Reynolds number can now be expressed as:
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VR |
Reviii — pvlll viit*te (522)
Uyiii

5.3.2. Array of Axial Fans Modelling

The axial fan array rotation speed is used to regulate the turbine back pressure, by
stimulating the condensation process of steam. This is because the turbine back pressure
is associated with the temperature of the exhaust steam. According to Huang et al. (2020)
the turbine back pressures can be calculated using Eq. (5.23), when the steam pressures

drop from the turbine to the condenser is not considered.

pp = 0.00981( (5.23)

T, + 100)7-46
57.66

where T is a steam temperature. During the actual operation, the axial flow fans speeds
are kept at the same value. The characteristic parameters of axial fans change with
operating states. Therefore, the performance of fan at off-design condition can be attained

by employing the fan laws of dimensional similarity at the design conditions as in Eqg.

(5.24) to (5.26).
3
i :<Df > Ny (5.24)
Vim  \Dfm/) Nem
APy pa <Df >2<Nf )2 (5.25)
APsfm Pam Dfm me
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P pa (DF\°( N ° (5.26)
Prm B Pam (Dfm) (me>
where, Vg, APs, Pf, pq, Dy and Ny, are volumetric flow rate, static pressure rises, power
consumption, density of air, fan diameter and rotational speed, respectively. When the fan
is operating under designed conditions, its operating parameters are equal to that with
subscript ‘m’. Since, in this study the performance of the same axial fan is analysed at

different speeds and ambient air temperatures, Eq. (5.24), (5.25), and (5.26) are simplified

as:

V. N

f i
g __J 5.27
Vom Nom (5.27)
APy pa (Nf )2 (5.28)
APsfm Pam me

3

me Pam me

5.3.3. Steam Turbine Low Pressure Cylinder Modelling

In this Section, the models for determining the turbine exhaust mass flow rate and enthalpy
were developed. This is essential because the changes in turbine exhaust mass flow rate
and enthalpy significantly affect the backpressure of the generating unit which

sequentially affects the power generation of the steam turbine low pressure section.
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5.3.3.1. Exhaust steam mass flow rate calculation

The calculation of turbine exhaust steam mass flow rate was performed by employing the
methods that are used to carry out the turbine off-design calculations. The method of
regenerative system heat balance was used. This method was considered to be the most
accurate as well as it is convenient to implement (Zhang et al., 2019). This method
incorporates the mass and energy conservation principles to derive the general matrix

equation of steam-water distribution (Yan et al., 2000).

The steam turbine of considered generating unit, has five (5) extraction ports/ stages, one
(1) on the HP turbine, and four (4) on the LP turbine stage. The extracted steam is fed to
five (5) different heaters, as shown in the schematic diagram of the regenerative extraction
cycle of the unit in Figure 5.3. The cycle is made up of four (4) surface heaters (2 HP and

2 LP) and one (1) direct contact heater (deaerator).

Turbine stages

Generator
30 MW
. Macec
Boiler
ACC
"streets"
me1
i
mfw m m el
: | a5 : e4 Mcw, Conldensate
wh a5 ed i
lew tank
m m m
HP 5 [ HP 4ur—hy LP2— | LP 1
Iwa lw3 Feed w1 Extraction
L P
- Myq m m
. 'd5 Id4 . d2 - di
i ig2 lag

Figure 5. 3: Schematic diagram of the unit regenerative extraction cycle
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In order to derive the equations that, describe the mass and energy balance of each heater,
the control volumes were taken around each heater, and the mass and energy conservation
principles were applied to each control volumes. The extraction steam enthalpy

changes(q,) were expressed as:

For the surface heater:

Gei = lei — lai (5.30)
For direct contact heater:

Qei = lei — lwi (5.31)

The feed water enthalpy changes(qfw) for both surface and direct contact heaters were

expressed as:
Qfwi = lwi = lwis1 (5.32)

The drainage flow enthalpy changes(q,) were expressed as:

For the surface heater:

Qai = lgi+v1 — lai (5.33)

For direct contact heater:

Qai = lai+1 — lwi (5.34)
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where subscript i is number of extraction stage; i, is extraction enthalpy; i, is drainage
enthalpy; i,, is heated water enthaply. Since, the aim was to compute the turbine exhaust
steam mass flow rate, the derivation of equations began at the heater with extraction from
HP turbine stage, and then proceeded to the one that taps from LP turbine stage toward

the turbine exit.

Surface heater 5, HP:

Mes(les — igs) = me(iW5 — lwa) (5.35)

Surface heater 4, HP:

mes(ids - id4) + me4(ie4 - id4) = mfw(iw4 - iw3) (5-36)

Direct contact heater 3:

Mes(iga — Tws) + Mea(iga — iwz) + Me3(les — iya)

(5.37)
= Mey (fws — iwz)
Surface heater 2, LP:
Mez(lez — ld2) = Mew (fwz — tw1) (5.38)
Surface heater 1, LP:
Mez (a2 — la1) + Me1(ler — la1) = Mew (w1 — ew) (5.39)
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where m;, mg,,, m,, and i, are the steam mass flow rate of i" extraction stage; boiler

feed water flow; condensate water flow; enthalpy of condensate water, respectively.

Eq. (5.35) to (5.39) can be re-written into matrix form as:
A-m,=m,.B (5.40)

where A, B, m, and m,, are expressed, respectively as:

des O 0 0 0]
Gaa Ges O 0 0 |
A=1qa3 qaz qes O 0 | (5.41)
0O 0 0 gqm O]
0 0 0 G e
‘was]
Arwa |
B = |qfwis| (5.42)
qfwz
qu1J
[Tes]
Mey
M, = | Mes (5.43)
]
Me1
[mfcw 0 0 0 0 ]
| 0 Moy 0 0 0 |
m, =| 0 0 my, O 0 (5.44)
l 0 0 0 mg O J
0 0 0 0 mg

From Eq. (5.40), the steam mass flow rate from each extraction stage can be calculated

as:
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m,=A"1m,.B (5.45)

Then the flow rate of the exhausted steam to ACC can be computed as:

Mycc = Mp — z me (5.46)

where the mg is the turbine live steam mass flow rate from the boiler.

5.3.3.2. Exhaust steam enthalpy calculation

The exhaust steam is in two- phase region, therefore it is essential for its dryness to be
defined. The changes in backpressure of the turbine influence the pressure ratio in the last
stage of the turbine, and as a consequence, the exhaust steam enthalpy alters. The enthalpy
at the turbine exit (iacc) is a function of the turbine exhaust pressure, which mainly
depends on the condensing pressure and temperature of the ACC. For the ideal conditions,
the ACC condensing pressure is equal to the turbine exhaust pressure. However, when the
pressure drop on the steam-side is considered, the condensing pressure is less than turbine
exhaust pressure. The condensing temperature or mean temperature (7,,,,,) for both primary

and dephlegmator were computed by employing Eq. (5. 47).

T —Tgai
Ty = a,out(‘E a,m‘l'Ta,in (5.47)

For the entire ACC the condensing temperature was defined from the total heat transfer

rate as:
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Qr = mcifg (Tym)
= [macpa(Ta,out - Ta’in)]primary (5.48)

t [macpa(Ta,out o Ta’in)]dephlegmator
where mcis total condensation rate, and is defined as:
mc = mc,primary + mc,dephlegmator (5-49)

and ir4(T,ym) is enthalpy of vaporization corresponding to the condensing temperature

which is expressed as:

ifg(Tym) = (3.4831814 x 10° — 5.8627703

X 10%T,,, + 12.139568T,,,> — 1.40290431 (5.50)

x 1072 Ty3n) (107°), k] /kg

Knowing the steam-side pressure drop and condensing pressure, the turbine exhaust
pressure can be determined. Steam mass flow rate in the HP and LP turbine stages were

expressed respectively, as:

Mp = Mes + My (5.51)

My = Meyg + Me3 + Mey + Moy + Mycc (5.52)

The power generated at each extraction port or stage was calculated as:
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Wp_5 = mg(ipg — ies) (5.53)

Ws_r = (mp — Mes) (les — i) (5.54)
Wr_y = mp(it — les) (5.55)
Wy—3 = (M1 — Mes) (leq — les) (5.56)
Wi_p = (i — Meq — Me3) (lez — lez) (5.57)
Wo_1 = (Mp — Mey — Mez — Mey) (leg — le1) (5.58)
Wi_acc = (M — Mey — Mez — Moz — M) (le1 — lacc) (5.59)

The power generated in the HP and LP turbine stages, respectively are

Wyp = Wp_5 + Ws_7 (5.60)

Wip =Wr_g + Wyz+ Wi+ W1 +Wi_pcc (5.61)

In terms of exhaust steam mass flow rate (m,¢), the gross turbine output power is:

Wy = 1.307047601racc(ig — ies) + 1.2411925macc(les — it) +  (5.62)

1.24119251riacc (it — ieq) + 1.1871171pcc(los — ies) +
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1.135321721iacc (fez — lez) + 1.0568144081acc (ies — 1) +

1.0034265411mpcc(ie; — iacc)

5.4. Validation of cold-end system mathematic model
To test the precision of the developed model, its performance was validated against the

design performance data of the considered generation unit. Therefore, the model was run
at design operating conditions of the ACC system as indicated in Tables 5.1, 5.2 and 5.3,
as well as using the geometrical characteristics in Table 5.4. The maximum heat transfer
rate of ACC was calculated by using the steam content, mass flow and the corresponding
enthalpy of the exhaust steam. In this case the exhaust steam enthalpy was that

corresponding to exhaust steam pressure.
Qmax = Msipg = 26.389 X 2404 = 63439 kW = 63.44 MW (5.63)

According to the operating manuals, when the steam-side pressure drop is considered, the
condensate temperature may be about 2 — 5 K lower that the exhaust steam temperature.
Therefore, by using the exhaust steam temperature of 60.6 °C, the condensate temperature

was in the range of 58.06 — 55.06 °C.

The comparison of the model performance data to design performance data of ACC and
turbine exhaust conditions is presented in Table 5.5. The percentage error was computed

as.

design parameter — calculated parameter

Error = ( ) X 100% (5.64)

design parameter
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Table 5. 5: Comparison of model and design performance data of ACC and turbine
exhaust conditions

Parameter Unit  Design Model Error, %
performance performance
data data
Net Power MW 30 30.52 -1.73
Exhaust steam pressure Pa 19620 19368.73 1.28
Exhaust steam temperature °C 60.06 59.38 2.34
Enthalpy of exhaust steam  kJ/kg 2404 2403.23 -0.34
Exhaust  steam flow, Kkg/s 26.389 26.12 1.02
(myec)
Uncondensed steam flow kals 0 0.199
Heat transfer rate MW  63.20 61.85 2.14

From the results in Table 5.5, it is clearly that, the developed model predicts the ACC and
generating unit performance reasonably, with negligible discrepancies. These
discrepancies may due to the accuracy of the correlations used to predict the steam-side
pressure drop, and specifically, the frictional steam-side pressure drop. The average
steam-side pressure drop of the model is 736.78 Pa, which is about 4 % of the condensing
pressure (B,,, = 19000.34 P,). This is less than 20% as it was indicated by Palen (1993)
through Donovan et al. (2012), that the overall change of condenser steam-side pressure

drop should not be greater than 20 % of the operating pressure.

Due to the pressure drop considerations, the obtained exhaust steam pressure is less than
the designed one. This leads to the decrease in exhaust steam pressure by 2.51 mbar, which
results in an increase of the enthalpy difference at the turbine exit. Thus, the turbine power
output is higher than the designed one by 1.73 %. Furthermore, the decrease of the
condensing pressure and corresponding temperature, results in the dropping of
temperature difference between condensing and ambient air temperature (AT = T,,,,, —

T,:) consequently, the heat transfer rate drops. Thus, 0.75 % of steam is uncondensed and
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it will be ejected into the atmosphere. Similar trend of results was achieved by Zhang et

al, (2019) on their performance analysis of ACC cold-end system modelling.

Some of the calculated variables for each tube bundle row and for both primary condenser
and CD units, as well for entire ACC units are shown in Figure 5.4 to 5.9. From Figure
5.4, it is clear that the highest heat transfer rate was achieved in the first tube row (row 1),
which comes into contact with the ambient air first. This is due to the high temperature
difference between the condensing and air temperature in the first tube row, which
decreases as the air flows through the tube bundle as presented in Figure 5.5. Figure 5.6
shows that the steam-side pressure drop was high in tube row 1. This is due to the higher
condensation of steam in this tube row as shown in Figure 5.7, which results on higher

steam velocity at the inlet of tube row 1. This clearly depicted in Figure 5.8.

As it can be seen in Figure 5.9, the momentum pressure loss is a negative term, thus it is
a pressure recovery for steam condensation. The momentum recovery was found to be in
the same order of magnitude as the friction pressure drop. This concurs with O’Donovan
et al. (2012) findings in their study of the steam-side characterization of modular ACC.
Furthermore, in O’Donovan et al. (2012) study, it was found that this closer or same order
of magnitude leads to small pressure drop in the tube bundle, when the geodetic pressure
drops were not considered. This is also shown in Figure 5.9 as AP,. As stated by
O’Donovan and Grimes (2015), the momentum recovery phenomenon is always not a
case as this depends on empirical model used to define friction pressure drop. Thus, in

tube row 1 and 3 the momentum recovery does not completely offset the effect of friction
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pressure drop. Most of the above-discussed phenomena was applicable to both primary

condenser and CD units.
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Figure 5. 4: Heat transfer rate per tube row
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Figure 5. 5: Temperature difference between condensing and ambient air per tube row
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5.5. Sensitivity Analysis

The sensitivity study of the ACC performance to the ambient air temperature and
rotational fan speed during the hot periods was assessed through parametric study that was
conducted under two conditions. In the first condition, the ambient air temperature was
varied from the design operating value of 32.2 °C to 40 °C, while the rotational fan speed
was kept constant. In the second condition, rotational fan speed was altered from 50 rpm
to 250 rpm; while the ambient air temperature remain unchanged. According to Moore et
al. (2014), the plant output and efficiency can be maximized by changing the rotational
fan speed. Thus, a 10 % increase in fan speed can result in an increase of 10 % of plant

output.

The considered rotational axial fan speed range was selected so that at design ambient air
temperature (Ta = 32.2 °C), when the volumetric flow rate is less than the optimum, the
design steam turbine exhaust pressure (19620 Pa) is achieved. While, at highest
considered air temperature (Ta = 40 °C), when the volumetric flow rate is greater than the
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optimum, the design steam turbine exhaust pressure (19620 Pa) is achieved. For both
conditions, the steam flow was kept constant and equal to the design value of 26.389 kg/s.
In addition to that, for the CD units only 150, 182 and 225 rpm rotational fan speeds were
considered, due to the fact that at higher ambient air temperature and lower rotational fan
speed, the CD unit were flooded with steam, while at higher rotational fan speed and
ambient air temperature closer to the design value (32.2 °C and 34 °C), the CD unit were

starved.

All the operating parameters which define the performance of the ACC on both steam and
air-sides, were recorded for both primary condenser and CD unit. On the air- side, the
performance of the ACC was defined in terms of the heat transfer rate, air-side pressure
drop, fan power consumption, and outlet air temperature, which is mainly governed by air
volumetric flow rates. On the steam-side, the ACC performance was determined in terms
of condensing pressure and temperature, steam-side pressure drop, steam velocity,

condensation rate, and amount of uncondensed steam ejected out of the condenser.

Furthermore, the turbine output power was computed, and the effect of the ACC
performance on the steam turbine output power was outlined. The net power plant output
was calculated by subtracting the total fan power consumption from the steam turbine

output power as:

Whet = W — Pr (5.65)

The plant performance was also expressed in terms of the efficiency loss due to condenser
performance as (Moore et al., 2014):
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w,
Nioss = (1 - ;t) X 100% (5.66)

Wnet,max

where Wy and Wy mar Were obtained net power output at different ambient air
temperatures and fan speeds and net power output attained by the validated model at
design operating conditions, respectively. The obtained performance parameters for both

primary condenser and CD units were analysed and discussed in chapter 8.

5.6 CD performance data
Initial performance analysis for both primary condenser and CD units was conducted at

constant rotational speed of 182 rpm, which is equal to the design operating value.
However, at low ambient air temperatures, the rejected steam from the primary condenser
units became insignificant. Furthermore, the fans consume more energy when operated at
high speeds. That means, as recommended in GEA (1978), the fan speed on the primary
condenser units-side should be lower than that of the dephlegmator unit-side. By
employing this measurement, more steam from the primary condenser units, and less
energy was consumed by primary condenser units-side fans. For that reason, the fan speed
on primary condenser units’ side was considered to be 125 rpm, while the fan speed on
the CD units-side was kept at 140 rpm. The CD performance data obtained at this fan
speed, and at different ambient air temperatures, as shown in Table 5.6, were compared to
that of HDWD, whose performance was analysed in Chapter 6. Furthermore, the primary
condenser unit’s performance data attained at same operation conditions, and presented in
Table 5.7 were combined with that of CD units, in order to achieved the overall ACC

performance, which is shown in Table 5.8, as well as to signify the ACC effect on the
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steam turbine and net power output of the generating unit, depicted in Table 5.9.

Furthermore, these performance data were illustrated graphically, scrutinised, and

discussed in detail in Chapter 8.

Table 5. 6: CD units performance data

Parameter Unit Value

Ambient Air Temperature, Tai  °C 32.2 36 40 44
Heat Transfer rate, Q MW 11.16 9.74 7.18 5.33
Outlet air temperature, Tao “IC 47.12 48.77 49.50 50.50
Air-side pressure drop, Ap, Pa 158.95 157.21 151.79 146.79
Fan power, Pr kW 68.27 67.44 66.57 65.57
Inlet steam flow rate, m; kg/s 12.214 13.608 15.863 18.08
Ejected steam flow rate, me kals 7.50 9.49 12.83 15.83
Condensation rate, mc kals 4.72 4.12 3.03 2.24
Steam-side pressure drop, Ap;, Pa  1,810.04 2,574.22 4,653.80 6,653.80
Condensing pressure, Pc Pa 17,022.88 17,255.00 16,102.41 14,102.41

Table 5. 7: Primary condenser units performance data

Parameter Unit Value

Ambient Air Temperature, Taj °IC 32.2 36 40 44
Heat Transfer rate, Q MW  33.48 30.18 2485 19.62
Outlet air temperature Tao °C  49.22 51.06 5255 54.00
Air-side pressure drop, Ap, Pa 106.91 105.85 104.58 103.34
Fan power, Pr kw  145.79 143.99 142.15 140.36
Inlet steam flow rate, m; kg/s 26.389 26.389 26.388  26.39
Ejected steam flow rate, me kg/s 12.21 13.61 1586  18.08
Condensation rate, mc kg/s 14.18 12.78 10.53 8.31
Steam-side pressure drop, Apg Pa  755.73 804.96 944.00 1099.20
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Table 5. 8: ACC incorporated with CD performance data

Parameter Unit Value

Ambient Air Temperature, Tai “IC 32.2 36 40 44
Heat Transfer rate, Q MW  44.64 39.92 32.03 24.95
Average outlet air temperature, Tao “IC 48.17 49.92 51.02 52.25
Air-side pressure drop, Ap, Pa 13293 13153 128.19 125.06
Fan power, Pr kw  214.07 211.43 208.73 205.94
Inlet steam flow rate, m; kg/s 26.389 26.389 26.389  26.389
Ejected steam flow rate, me ka/s  7.50 9.49 12.83 15.83
Condensation rate, mc kg/s  18.89 16.90 13.56 10.55
Condensing pressure, Pc kPa 18.278 18.541 18.376  18.015
Steam-side pressure drop, Apg kPa  2.565 3.379 5.597 7.753

Table 5. 9: Generating unit with ACC incorporated with CD performance data

Parameter Unit Value

Ambient Air Temperature, Taj °C 32.2 36 40 44
Turbine exhaust pressure, P; Pa 19,561.46 20,230.84 21,175.81 21,891.70
Turbine output power, Wt MW  30.512 30.474 30.422 30.383
Plant/ unit fan power, Pr kw 214.07 211.43 208.73 205.94
Plant/ unit net output power, Wnet MW 30.30 30.26 30.21 30.18
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Chapter 6: Analysis of Thermal Performance for
HDWD incorporated with Conventional Delugeable
Tube Bundle

6.1. Introduction

This Chapter provides the thermal performance analysis of the CDTB, as well as of
HDWD incorporated with CDTB into its second stage. Furthermore, the Chapter offers
the comparison of thermal performance of the CD (which was analysed in Chapter 5), and
HDWD incorporated with CDTB. The CDTB which was modelled in Chapter 3 and
optimized in Chapter 4 was incorporated into the second stage of HDWD. As mentioned
in Chapter 1, the HDWD has two stages, connected in series and combined in one
condenser unit. The first stage has inclined finned tubes shorter compared to the CD tubes,
and second stage has horizontal bare flat tubes. The first stage tubes are shortened in order
to accommodate the second stage tube bundle (CDTB). The second stage can operate in
the dry and wet modes during cold or off-peak and hot or peak periods, respectively. With
this arrangement, the uncondensed steam from the primary condenser units are initially
condensed in the first stage tubes, and further uncondensed steam is finally condensed in
CDTB, which is the second stage of HDWD. The geometric parameters of the CDTB are

presented in Table 6.1.

Table 6. 1: CDTB geometric parameters

Parameter Unit Value
Bundle width, Wy mm 2320
Bundle length, Ly mm 3178
Bundle height, Hp mm 300
Bundle steam flow area, Asp ~ mM? 0.142
Tube height, Ht mm 300
Tube length, L mm 3178
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Tube width, Wt mm 6.95

Tube pitch, Py mm 25
Tube thickness, t mm 15
Number of tubes, ni - 93
Material Carbon steel

6.2. Performance Assessment

Since, the first stage operates on dry mode, and as primary condenser and CD units, the
performance of the first stage of the HDWD was analysed by employing the developed
and validated model for the CD in Chapter 5. The CDTB performance was assessed based
on the heat and mass transfer analogy method, presented in Chapter 3. The HDWD
performance was assessed and conducted at operation conditions of the ACC of the
considered generating unit as described in Chapter 5, and at different ambient air

temperatures as it was performed for the CD and primary condenser units in Chapter 5.

During the wet operating mode conditions, a large amount of steam is condensed by the
second stage (CDTB) of the HDWD than by the first stage. This is due to substantial
inlet/outlet and friction losses in the first stage than in the second stage tube bundle, which
results in drawing of large amount of vapor through it by the wet second stage. In the end,
this leads to significant net steam-side pressure drop over the first stage. Furthermore, the
higher condensation rate results in more pressure recovery in the second stage tube bundle,
and therefore, the net steam-side pressure drop in the second stage is considerably less
than in the first stage. Moreover, according to Owen (2013), the first stage of HDWD
contributes about 67 % to the steam-side pressure drop in the HDWD. Therefore, by
neglecting the steam-side pressure drop in the second stage tube bundle, might not have a

significant impact on its performance prediction.
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The considered generating unit is allocated in the district town (Windhoek) with the
average relative humidity in the range of 30% to 32%. Therefore, the CDTB performance
analysis was performed at relative humidity of 30%. The fan rotational speed on the
HDWD side was kept at 140 rpm, which is the same speed at which the CD performance
was conducted. The conditions of the steam at the exit of the primary condenser units
obtained in Chapter 5, and presented in Table 6.2, were employed as the operating

conditions of the steam in the dividing headers of the HDWD first stage tube bundle.

Table 6. 2: Operating conditions at the exit of the primary condenser units

Parameter Unit Value

Air Temperature °C 32.2 36 40 44
Steam pressure Pa 18,269.28  18,916.95 18,863.21 18,799.23
Saturation temperature °C 58.11 58.87 58.81 58.74
Steam mass flow rate kg/s 12.213 13.609 15.863 18.078
Steam quality - 0.49 0.53 0.61 0.69

After, the first stage tube bundle thermal performance was performed, the operating
conditions at its exit, and presented in Table 6.3, were taken to be operating conditions at

the entrance of the CDTB.

Table 6. 3: Operating conditions at the exit of the first stage tube bundle of HDWD

Parameter Unit Value

Air Temperature °C 32.2 36 40 44
Steam pressure Pa 16,803.73 16,831.59 15,18551 12,062.60
Saturation temperature °C 56.33 56.38 54.21 4951
Steam mass flow rate kals 7.83 9.76 12.96 16.27
Steam quality - 0.64 0.72 0.82 0.9

The ACC with a HDWD was found to use less water which is about 20 %, compared to
adiabatic cooling (Heyns, 2008). During the performance assessment of HDWD, the
deluge water was considered to be equal to the evaporation rate, at deluge water mass flux,

of 1.7 kg/m?2.s. This deluge water mass flux is greater or equal to the deluge water mass

178



flux of 1.6 kg/m?.s and 1.7 kg/m?.s at which, according to Niitsu et al. (1967) and
Heyns (2008), respectively, the uniform wetting of tubes occurs. Furthermore, the deluge
water mass flux, recommended by Niitsu et al. (1967) and Heyns (2008), were obtained
by employing the empirical correlations which were derived for the round tube bundles

not for flat tube bundle as considered in this study.

All the performance parameters at bundle (1% and 2" stages), component (primary
condenser units, and HDWD) and system level (ACC incorporated with HDWD) were
recorded, tabulated, illustrated graphically, and analysed. Furthermore, the turbine and net
power output were computed, and the impact of the performance of ACC incorporated
with HDWD on the steam turbine performance characteristics was outlined. On the air-
side, the HDWD performance data were presented in terms of the heat transfer rate, air-
side pressure drop, fan power consumption, and outlet air temperature driven by flow rates
of ambient air. On the steam-side, the HDWD performance data were presented in terms
of the inlet steam flow rate, ejected steam flow rate, condensation rate, steam-side pressure

drop, and condensing pressure.

6.3. Performance Data
The performance data for the first stage tube bundle, CDTB, HDWD incorporated with

CDTB, and ACC incorporated with HDWD are depicted in Tables 6.4 to 6.7. In addition
to that, the steam turbine performance characteristics were assessed, and presented in
Table 6.8. Furthermore, these performance data were illustrated graphically, scrutinised,

and discussed in detail in Chapter 8.
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Table 6. 4: First stage tube bundle performance data

Parameter Unit Value
Ambient Air Temperature, Tai  °C 32.2 36 40 44
Heat Transfer rate, Q MW  10.36 9.08 6.88 4.29
Air-side pressure drop, Ap, Pa  317.57 314.22 309.90 305.04
Outlet air temperature, Tao °C 45.62 47.56 48.83 49.50
Fan power, Pr kw  68.27 67.44 66.57 65.73
Inlet steam flow rate, m; kg/s 1221 13.61 15.86 18.08
Ejected steam flow rate, me kgls 7.83 9.77 12.96 16.27
Condensation rate, mc kals 4.38 3.84 2.90 1.81
Steam-side pressure drop, Ap, Pa  1,477.89 2,092.92 3,677.82 6,737.40
Table 6. 5: CDTB performance data
Parameter Unit Value
Ambient Air Temperature, Tai “IC 32.2 36 40 44
Heat Transfer rate, Q MW 17.65 17.26 1499 11.00
Air-side pressure drop, Ap, Pa 028 0.32 0.36 0.38
Outlet air temperature, Tao °C 34.07 3754 4099 44.26
Fan power, Pr kw 66.58 66.00 65.52 65.18
Inlet steam flow rate, m; kals 7.83 9.77 1296  16.27
Ejected steam flow rate, me kals 0.381 248 6.64 11.66
Condensation rate, mc ka/s 7.45 7.29 6.32 4.61
Table 6. 6: HDWD incorporated with CDTB performance data
Parameter Unit Value
Ambient Air Temperature, Tai °C 32.2 36 40 44
Heat Transfer rate, Q MW 28.01 26.34 21.87 15.29
Outlet air temperature, Tao °C 39.85 42.55 44.91 46.88
Air-side pressure drop, Ap, Pa 317.84 314.54 310.26 305.42
Fan power, Pr kw 67.43 66.72 66.04 65.46
Inlet steam flow rate, m; ka/s 12.21 13.608 15.862 18.078
Ejected steam flow rate, me kals 0.3808 2.4808 6.6429 11.6556
Condensation rate, mc ka/s 11.83 11.13 9.22 6.42
Steam-side pressure drop, Ap, Pa 1,477.89 2,092.92 3,677.82 6,737.40
Condensing pressure, P Pa 16937.60 17000.17 15622.83 12826.15

180



Table 6. 7: ACC incorporated with HDWD performance data

Parameter Unit Value

Ambient Air Temperature, Tai “IC 32.2 36 40 44
Heat Transfer rate, Q MW 61.49 56.51 46.72 34.91
Average outlet air temperature, Tao “IC 44.53 46.80 48.73 50.44
Air-side pressure drop, Ap, Pa 424.75 420.39 414.83 408.75
Ejected heat transfer rate, Qe MW 0.90 5.87 15.76 27.79
Fan power, Pr kW 213.21 210.72 208.20 205.82
Inlet steam flow rate, m; kgls 26.39 26.39 26.39 26.39
Ejected steam flow rate, me kals 0.38 2.48 6.64 11.66
Condensation rate, mc kgls 26.01 23.91 19.75 14.73
Steam-side pressure drop, Apg Pa 2233.62 2897.88 4621.82 7836.60
Condensing pressure, Pc Pa 17856.37 18035.61 17373.63 16097.52

Table 6. 8: Generating unit with ACC incorporated with HDWD performance data

Parameter Unit Value
¢r_nbwnt Air Temperature, oC 32.2 36 40 44

al
Turbine exhaust pressure, Pi  Pa  18973.18 19484.55 19684.54 20015.82
Turbine output power, Wt MW  30.546 30.516 30.505 30.486
Unit fan power, Pr kW 213.22 210.72 208.20 205.82
Unit net output power, Wnet MW 30.333 30.305 30.297 30.280

6.4 Comparison of Performance Data of CD and HDWD
Incorporated with CDTB

This section offers the comparison of thermal performance of the CD and HDWD
incorporated with CDTB, which were analysed in Chapter 5 and 6, respectively. In
addition to that, the CD and HDWD performance data presented in Tables 5.6 and 6.6
respectively, were combined with that of the primary condenser units in Table 5.7. This
was performed, in order to obtain the overall performance of the ACC, incorporated with
either CD or HDWD as shown in Tables 5.8 and 6.7, respectively, as well as to signify
their effects on the steam turbine and net power output of the generating unit as depicted

in Table 6.8.
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The performance data of the CD and HDWD, were compared at both component (CD and
HDWD) and system (ACC incorporated with either CD or HDWD) levels. Furthermore,
the first stage tube bundle of HDWD and CD performance data were compared, in order
to outline the HDWD performance, when it operates on the dry mode. On the air- side,
the comparison of performance data at both component and system levels were performed
in terms of the heat transfer rate, and air-side pressure drop. While, on the steam-side the
comparison was conducted for turbine exist pressure, turbine and net power output. When
the CDTB operates on wet mode, it transfers heat that is more than the heat that could be
transferred by the finned-tube heat exchanger portion it replaced. The detailed discussion

of the performance data comparison is presented in Chapter 8.
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Chapter 7: Analysis of Microchannel Delugeable Tube
Bundle Thermal Performance

7.1. Introduction
This Chapter presents the performance analysis of the MDTB. Furthermore, the

performance of the HDWD incorporated with MDTB into its second stage was outlined.
The Chapter also offers the comparison of thermal performances of the CDTB (which was
analysed in Chapter 6) and MDTB. The applications for MHXs in energy system,
electronic cooling, fuel cell automobiles, etc, have become wide. This is due to their small

size, light in weight, less materials, and high heat transfer coefficients (Ren et al., 2020).

The MDTB performance was predicted by employing the semi-empirical model which
was validated using the literatures. The crucial characteristics for accuracy, for semi-
empirical model, are heat-transfer and pressure-drop correlations (Yin et al., 2015).
Therefore, to improve the accuracy of the model, the existing correlations in the literatures
for the steam-side microscale heat transfer and pressure drop inside the microchannel were

extensively evaluated and compared.

Like the CDTB, the MDTB also consists of the horizontal flat bare tubes, however, with
rectangular microchannels/ports on the steam-side as presented in Figure 7.1. In the heat
exchanger industry, the most commonly used microchannels/ ports are rectangular and
circular (Fung and Majnis, 2019). However, according to Ozdemir (2006), the local
single-phase Nusselt number of round microchannels were found to be about 15 % lower
than that of straight rectangular microchannel. Furthermore, the rectangular microchannel

geometry attained the lowest thermal resistance compared to the triangular and trapezoidal
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geometries (Gunnasegaran et al., 2010), (Wang et al., 2016). Therefore, in this study, the

rectangular microchannels were considered.
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Figure 7. 1: Two adjacent tube in MDTB
The analysis of the transition, between micro- and macro-scale, has been fully performed

by several authors. Therefore, according to Ribatski (2013), the micro- to macro-

transitional is as follow:

e Conventional channels: D;, > 3 mm
e Mini-channels: 0.2 mm < D, < 3 mm
e Microchannels:0.2 mm > D;, > 0.01 mm

e Nanochannels: D;, < 0.01 mm
where D, is the hydraulic diameter of the channel.

The flow patterns have been highlighted in many condensations inside small-diameter

channels studies, to be one of the factors that influences the transfer processes of heat and
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momentum (Ribatski and Jaqueline, 2015). Kim and Mudawar (2012) proposed the flow
pattern transition during condensation inside small-diameter channels as shown in Figure

7.2.
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Figure 7. 2: Condensation flow patterns in a horizontal tube (Kim and Mudawar, 2012)
Most of the common models in the literatures are annular flow model (Kim and Mudawar,

2012), (Al-Zaidi et al., 2018) (Keniar 2020). This is due to the wide range of qualities
covered by this regime during condensation, even for channels with small diameters
(Keniar, 2020). Furthermore, annular flow is the main regime during flow condensation,
and most correlations were developed and proposed for this flow regime (Al-Zaidi, et al.,
2018). The annular flow model’s applicability depends on restriction of the applied
assumptions. Semi-empirical, analytical, and Computational Fluid Dynamics approaches
have been used by several researchers to model annular condensation (Bandhauer et al.,
2006), (Chen et al., 2009), (Keniar, 2020). The semi- empirical models do not involve
significant computational power, and applicable to conditions similar to their base data,
and mainly used for the design of heat exchangers (Keniar, 2020). On the other hand, the
analytical models can cover a wide range of condensation conditions, however, they were
developed for a specific geometry, and new model is always needed every time a new

geometry is considered (Keniar, 2020).
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In this study, the single-phase flow and heat transfer in microchannel tube bundle was
considered, because of inconsistences and conflicted results have been reported for two-
phase flow and heat transfer (Cheng and Xia, 2017). Furthermore, the effect of the gravity
on the pressure drop is not considered, since it was reported to be negligible for a single-

phase fluid in a microchannel heat exchanger (Dang et al., 2010).

7.2 Modelling

The semi- empirical model was employed in predicting the flow and heat characteristics
for the MDTB. The model uses the relevant and validated correlations from literatures.
The empirical correlations have been used in several studies, whose findings agreed very
well with experimental data (Zhang et al., 2014 a); (Sahar et al., 2017); (Al-Zaidi et al.,
2018); (Ren et al., 2020); (Hsieh et al., 2021). The geometrical design and environment
conditions that impact on thermal performance, were investigated by employing the
validated semi-empirical model. Based on the conclusions made in Chapter 3, for MDTB
modelling, a one-dimensional model was considered, and separate modelling of the round-

end sections was not taken into account.

7.2.1. MDTB Description

The considered MDTB had several microchannel flat bare tubes with identical
geometrical parameters. As shown in Figure 7.1, the steam flows inside the
microchannels/ ports, while the water and air flow outside the tubes in counter-flow
directions. The detailed geometrical parameters of the flat microchannel tube are shown

in Figure 7.3.
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Figure 7. 3: The geometrical parameters of the flat microchannel tube

Each flat tube consists of numerous rectangular channels or ports on the steam-side with
a defined height (Hmc) and width (Wmc). For the considered flat tube, the width (W) and
height (Ht) were kept constant, while, the sizes of the channels were varied by changing
the channel height. For each number of channel (Nm¢) in @ microchannel tube, the
hydraulic diameter for channels was defined in order to identify the number of channels,
at which the size of the channels falls under microchannel category as presented in
Ribatski (2013). The obtained microchannel categories are presented in Table 7.1. The

cross-sectional flow area and perimeter were defined as:

Ame = HpncWine (7.1)

The hydraulic diameter was determined as:
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D, =
" Pnc (7.3)

Table 7. 1: The microchannel categories

Number of Channels, Hydraulic diameter, Dn R
Classification

Nme [mm]

1to 75 7.8 t0 3.05 Convectional Channels

76 to 186 3.05t0.201 Mini-channels

186 to 198 0.201 to 0.01 Microchannel

>198 <0.01 Nanochannel

From Table 7.1, it is clear that the channel’s sizes fall into microchannel category, when

the number of channels in microchannel is in the range between 186 and 198.

7.2.2. Governing Equations

As showed in Figure 7.1, the steam flows through the parallel microchannel, and
condensed by the help of the counter-current flow of air and water over the tubes. The
control volume was drawn from the centerline of the tube to the symmetry line between
the two adjacent tubes, as illustrated in Figure 7.1. The layout of a typical control volume
of a tube for a MDTB, and its resistance diagram are shown in Figure 7.4 and 7.5
respectively. On the air-water side, the tube was taken to have a single control volume as

depicted in Figure 3.5.
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Figure 7. 5: The resistance diagram

In general, the MDTB modelling was performed in the same manner as that of the CDTB.

The main difference was with the empirical correlations used to define the flow and heat

transfer on the steam-side, inside the microchannels. The developed model calculates the

heat transfer from steam to the inside tube wall of microchannel, then from the outside

tube wall to air and water. Therefore, the inside tube wall temperature is crucial for

accurate calculation. However, in microchannel condenser, the change of the tube wall

temperature along the direction of airflow was found to be insignificant, thus it can be

ignored (Yin et al., 2015). Further, the microchannel tube width is quite shorter compared
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to its length, therefore, the change in air properties during airflow crossing over a tube is

minimum.
The following assumptions were applied in the calculations:

e The annular condensing flow is single phase, steady and incompressible,
e There is one-dimensional steam flow in a segment,

e There is no maldistribution in steam flow rate between the microchannels,
e The longitudinal conduction and heat transfer between ports are ignored,
e Pressure is uniform across the microchannel’s cross-sectional area,

e Thermophysical properties are based on local saturation pressure,

e The liquid film interface is smooth, and

e Gravity effects are negligible.

A balance of steam and water-air-side enthalpy variation is required for the total energy
conservation for a control volume. On the steam-side, the energy conservation is

represented by:

Qc = Mgl xrnx — lsyx) (7. 4)
which can be also represented as:

Qc = heAcs(Ts — Twi) (7.5)

Through the tube wall, the total heat transfer is defined as:
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A (Twi - Tw )
Qu = ke (7.6)
t

For the air-water-side, the total heat transfer can be computed as:

Qa = Mg (igo = lai) (7.7)
This can be also expressed as:

Qu=0s+Q (7.8)
whereby latent and sensible heat can be defined respectively as:

Q1 = Amgyly, = hgAy (Wsy — Wi, = mg(w, — wy)iy (7.9)

Qs = haAg(Taws — Ta) (7. 10)

where Amy,, is the changes in deluge water mass flow rate. In terms of the overall heat

transfer coefficient, the heat transfer is expressed as:
Q = UA(Ts — Taws) (7- 11)
And the overall heat transfer coefficient is defined as:

1 ¢t 171
U=[—+—+— (7.12)
hc t hdw

The deluge water heat transfer coefficient is defined as:
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h, = -2 (7.13)

The deluge water film can be expressed as:

3 Uy My 13

~ 19 pw Lt (Pw — Pa))

(7. 14)

w

7.2.3. Solution Methods

On the steam-side, the obtained governing equations were applied to all channels as
several control volumes. While, the water-air-side was considered as a single control
volume, and therefore, the governing equations were applied over the entire tube height
(Hy). The deluge water properties were determined at deluge water mean temperature.
Water-air-side heat transfer coefficients and air side pressure drop were predicted by using
the external flow theories in conjunction with heat and mass transfer analogy method. The
flow on the air-side was considered as shown in Figure 3.5. The governing equations were
solved analytically and iteratively using Log Mean Temperature Difference (LMTD)
method. The initial outlet air, tube wall and deluge water surface temperatures were
guessed, and through looping tool, the governing equations were solved. The parameters
such as heat transfer rate, effectiveness, pressure drop, and performance index were

determined.

7.3. Validation

The employed empirical model was validated against Doan et al. (2020) experimental

data. Doan et al. (2020) experimentally investigated single-phase flow and heat transfer
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analysis in a microchannel condenser. During the validation, the emphases was more on
the steam-side performance characteristics. This is because, on the air-water-side, the
model had already proven to work in Chapters 3 and 6, therefore, in this Chapter the
steam-side is the side of interest. Hence, the steam-side Nusselt number and friction factor
were computed using relevant correlations. The geometric and operating data which were
used in Doan et al. (2020) study are shown in Tables 7.2 and 7.3, and the considered

working fluid and coolant were steam and water, respectively.

Table 7. 2: Geometric parameters

Geometric parameters Unit Value
Hydraulic diameter um 500
Channel width um 500
Tube conductivity W/m.K 237
Channel thickness um 200
Channel length mm 32
Number of channels - 10
Channel shape - square
Tube material - Al

Table 7. 3: Operating conditions

Operating conditions Unit Value
Steam temperature °C 108
Ambient air Temperature  °C 31
Steam mass flow rate g/s 0.01-0.06
Air mass flow rate g/s 3.244

7.3.1. Heat Transfer

Figure 7.6 shows the predicted heat transfer rate of the model, which was compared to the
experimental data of Doan et al. (2020). As the steam mass flow rate increased from 0.01
/s to 0.06 g/s, the heat transfer rate increased from 22 W to 133 W. It can be seen that the

empirical model predictions were in good agreement with the experimental data of Doan
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et al. (2020), who predicted the heat transfer rate of 24 W to 138 W, as the steam mass

flow rate increased from 0.01 g/s to 0.06 g/s.
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Figure 7. 6: The effect of the steam flow rate on the heat transfer rate
Furthermore, the predicted Nusselt number which were attained using Gnielinski (1976);

Shah and London (1978); and Adams et al. (1997) correlations were analysed and
compared to each other. As shown in Figure 7.7, for all the considered correlations, the
Nusselt number was found to increase with Reynolds number. The trend of the results
concurs with Sahar et al. (2017), and Al-zaidi et al. (2018) results. Sahar et al. (2017)
validated and compared their numerical results to Shah and London (1978), and Bejan
(2004) correlations. While, Al-zaidi et al. (2018) validated their work using Peng and

Peterson (1996) and Bejan (2004) correlations.
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Figure 7. 7: Predicted Nusselt number using existing correlations

7.3.2.  Friction Factor and Pressure Drop

Figure 7.8 shows the validation of the empirical results of the steam-side pressure drop
against the experimental data of Doan et al. (2020). The steam-side pressure drop data
were obtained using Shah and London (1978) and Xing et al. (2013) friction factor
correlations. It is obvious that the empirical model results agreed very well with the Doan
et al. (2020) experimental data, almost for all the considered correlations. The steam-side
pressure drop was found increasing with steam mass flow rate. Similar results were also
reported in Hsieh et al. (2021) experimental study, in which the convective heat transfer
coefficient and friction factor for single phase rectangular microchannels, with deionized

water as the cooling fluid, was analysed.

Moreover, as depicted in Figure 7.9, the change in friction factor predicted by the
empirical model was found to decrease with increasing Reynolds number. This concurs
with Sahar et al. (2017), Al-zaidi et al. (2018) and Ali et al. (2019) findings. In these
studies, the validations of the work were performed against either Shah and London (1978)

or Xing et al. (2013) correlations.
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Figure 7. 8: The effect of the steam flow rate on the condenser pressure drop
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Figure 7. 9: Predicted friction factor using existing correlations
7.4. Performance Analysis

The performance analysis of the MDTB was conducted in order to establish the
understanding of the design and control parameters’ effects, such as channel geometry and
air-side conditions on fluid flow and heat transfer. The size and the dimensions of the
considered MDTB was equivalent to that of CDTB, which was optimized and analysed in
Chapter 4 and 6, respectively. The only difference was that, the MDTB has microchannel/

ports on the steam-side. In a microchannel condenser, the condensation flow is dominant
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in the heat transfer mechanism compared to the air-side flow. Hence, for the MDTB

performance analysis the emphasis was placed more on the steam-side flow.

The influences of the hydraulic diameter of microchannel ports, number of microchannel
ports in one flat tube, and inlet ambient air temperature on the hydrodynamic entry length,
condensation heat transfer coefficient, heat transfer rate, steam-side pressure drop, and
thermal performance index were investigated. The hydraulic diameter and number of
microchannel ports in one flat tube were varied in range from 10 to 200 wm and 186 to
198 ports, respectively. The analysis was conducted for ambient air temperature in the

range of 32 °C to 44 °C. The microchannel tube geometric parameters are summarized in

Table 7.4.

Table 7. 4: The microchannel tube geometric parameters
Parameter Unit Value
Hydraulic diameter of channel, D, um 10 to 200
Channel height, Hmc mm 0.008t0 0.11
Channel width, W mm 3.95
Channel thickness, tmc mm 1.5
Number of Channel, Nic - 186 to 198
Tube height, H; mm 300
Tube width, W; mm 6.95
Tube length, L: m 3.178
Tube thickness, t mm 15

The MDTB thermal performance evaluation was performed at same design operating
conditions, as the thermal performance analysis of CDTB was conducted. Since, the
MDTB is to be incorporated into second stage of HDWD, the steam condition at the
MDTB entrance was corresponding to that at the exit of the first stage of HDWD as show

in Table 6.3.

197



7.5. Performance Data
The performance data for the MDTB, HDWD incorporated with MDTB, and ACC

incorporated with HDWD are depicted in Tables 7.5 to 7.7. In addition to that, the steam
turbine performance characteristics, for the generating unit with ACC incorporated with
HDWD (MDTB) were assessed, and the performance data are presented in Table 7.8.
Furthermore, these performance data were illustrated graphically, scrutinised, and

discussed in detail in Chapter 8.

Table 7. 5: MDTB performance data

Parameter Unit Value

Ambient Air Temperature, Tai °IC 32.2 36 40 44
Heat Transfer rate, Q MW 18.03 17.60 15.23 11.04
Air-side pressure drop, Ap, Pa 25.58 29.28 33.51 37.94
Outlet air temperature, Tao °C 34.11 37.58 41.02 44.28
Fan consumption power, Pg kw 66.57 16.94 19.26 21.64
Inlet steam flow rate, m; kals 7.83 9.77 12.96 16.27
Ejected steam flow rate, me kals 0.22 2.33 6.54 11.64
Condensation rate, mc kals 7.62 7.44 6.42 4.63

Table 7. 6: HDWD incorporated with MDTB performance data

Parameter Unit Value

Ambient Air Temperature, Tai °C 32.2 36 40 44
Heat Transfer rate, Q MW  28.39 26.68 22.11 15.33
Outlet air temperature, Tao °C 39.86 42.56 44.92 46.89
Air-side pressure drop, Ap, Pa 343.15 34350 343.40 342.98
Fan consumption power, P kw 67.42 66.71 66.04 65.45
Inlet steam flow rate, m; kals 12.21 13.61 15.86 18.08
Ejected steam flow rate, me kals 0.22 2.33 6.54 11.64
Condensation rate, mc kals 11.99 11.28 9.33 6.44
Steam-side pressure drop, Apg kPa  168.41  211.32 289.04 393.37
Condensing pressure, Pc kPa 16.85 16.91 15.50 12.79
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Table 7. 7: ACC incorporated with HDWD(MDTB) performance data

Parameter Unit Value

Ambient Air Temperature, Tai “IC 32.2 36 40 44
Heat Transfer rate, Q MW 61.87 56.86 46.96 34.96
Average outlet air temperature, Tao “IC 4454  46.815 48.73 50.44
Air-side pressure drop, Ap, Pa 450.05 449.35 44798  446.32
Ejected heat transfer rate, Qe MW

Fan power, Pr kw 21321 210.71 208.20 205.81
Inlet steam flow rate, m; kg/s 26.389 26.389 26.388  26.389
Ejected steam flow rate, me kals 0.22 2.33 6.54 11.64
Condensation rate, mc kgls 26.17 24.06 19.85 14.75
Steam-side pressure drop, Apg kPa  169.17 21213 289.99 394.47
Condensing pressure, Pc kPa 17.70 18.18 17.50 15.96

Table 7. 8: Generating unit with ACC incorporated with HDWD(MDTB) performance

data
Parameter Unit Value
Ambient Air Temperature, Tai °C 32.2 36 40 44
Turbine exhaust pressure, P; kPa  18.82 19.63 19.81 19.88
Turbine output power, W; MW 30.555 30.507 30.497 30.493
Plant/ unit fan power, P¢ kw 21321 210.71 208.20 205.81

Plant/ unit net output power, Wnet MW  30.34 30.30 30.29 30.29

7.6. Comparison of Performance data of CDTB and
MDTB

This section presents thermal performance comparison of the CDTB and MDTB. The
MDTB performance parameters, considered during comparison, were the one that were
achieved for hydraulic diameter of 140 pm. This is due to the factor that, the Thermal
Performance Index (TPI) was found to be reasonable for hydraulic diameter of 140 um,
by comparing to that attained for 200 and 80 um. The performance data of the CDTB and
MDTB were compared at bundle (CDTB and MDTB, as presented in Tables 6.4 and 7.5),
component (HDWD incorporated with either CDTB or MDTB, as provided in Tables 6.5

and 7.6) and system (ACC incorporated with either HDWD(CDTB) or HDWD(MDTB),

199



as offered in Tables 6.6 and 7.7) levels. Furthermore, the steam turbine performance
characteristics, (depicted in Tables 6.7 and 7.8) for the considered generating unit, which
were yielded when the HDWD (with either CDTB or MDTB) were incorporated into

ACC, were also compared.
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Chapter 8: Results and Discussions

This Chapter presents the results for the thermal performances evaluations of CD, CDTB
and MDTB at all levels, as well as their performance comparisons. In addition to that, the
analyses, scrutinization, and discussions of the results are also included in this Chapter.

Furthermore, the results discussed in this Chapter are tabulated in Appendix G.

8.1. Conventional Dephlegmator Thermal Performance

8.1.1.Air - side Performance Characteristics of the ACC

On the air- side, the performance of the ACC was defined in terms of the heat transfer
rate, air-side pressure drop, fan power consumption, and outlet air temperature, which
mainly governed by air volumetric flow rates. As shown in Figure 8.1, for a particular fan
speed, as the ambient air temperature increased, the air mass flow rate slightly decreased.

This is due to the decreasing of the air density as the air temperature increases.
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Figure 8. 1: Effects of ambient air temperature on the air mass flow rate at different
rotational fan speeds
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a) Condenser heat transfer rate
From Figure 8.2 (a, b, ¢), for both primary condenser and CD units, as well as for the ACC
incorporated with CD, the heat transfer rate was found to decrease as the ambient air
temperature increased. With air temperature increased, the temperature difference
between condensing temperature and ambient air decreased, and thus, the heat transfer
rate decreased. Then, as a result, the air exits the tube bundles at higher temperature as
shown in Figure 8.3, and a large amount of steam is ejected into the atmosphere as

demonstrated in Figure 8.4.
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Figure 8. 4: Effects of ambient air temperature on the uncondensed steam at different
rotational fan speeds

As corrective measurement, in order to attain the designed heat transfer rate as the ambient
air temperature increases, the air mass flow rate should be increased. This was achieved
by increasing the rotational fan speed. The air mass flow rate was found to be absolutely
linked to ACC cooling performance (Huang et al., 2020). For example, to achieve the
designed heat transfer rate at Tai = 36 °C, the mass flow rate should be 2724 kg/s, which
is attained by set the fan speed at 231 rpm. Thus, in Figure 8.5, the heat transfer rate

increased with rotational fan speed. As a result, the air exits the tube bundle at lower
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temperature and the amount of ejected steam reduced as shown in Figures 8.6 and 8.7,

respectively.

Moreover, the heat rejection improvement coefficient, which was defined by Eq. (8.1) was
found to increase with the rotational fan speed as depicted in Figure 8.8. Similar trend of

results was obtained by Huang et al. (2020).

where Q and Q,,, are heat transfer rate at different ambient air temperatures and fan speeds,

and heat transfer rate attained at design operating conditions, respectively.
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Figure 8. 5: Effects of rotational fan speed on the heat transfer rate at different ambient
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b) Air-side pressure drop
With a closer look, Figure 8.9 (a) shows that, as the ambient air temperature increases, the
air-side pressure drop decreases. This is due to the decreasing of the air density as its
temperature increases, which results in the static pressure dropping. However, if the
analysis was conducted at constant air mass flow rate, air-side pressure drop was found to
slightly increase as the ambient air temperature increases. This is presented in Figure 8.9
(b) for CD only. As shown in Figure 8.10, for both primary condenser and CD units, the
air-side pressure drop increases with the fan speed. This is due to the fact that, through fan

laws, the static pressure is direct proportional to fan speed.
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Figure 8. 9: Effects of ambient air temperature on the air-side pressure drop at different
rotational fan speeds
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Figure 8. 10: Effects of rotational fan speed on the air-side pressure drop at different
ambient air temperatures

c) Fan power consumption
The air-side pressure drop is directly related to fan power consumption. For that reason,
from Figure 8.11 (a) it is clear that as the ambient air temperature increases, the fan power
consumption slightly decreases. Again here, the opposite results were achieved when the
fan speed increases as shown in Figure 8.12. However, as presented in Figure 8.11 (b, c),

when the analysis was carried out at constant air mass flow rate, the volumetric flow rate
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increases with the ambient air temperature. This leads to the rise of fan power consumption

with the ambient air temperature.
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8.1.2.Steam - side Performance Characteristics of the ACC
On the steam-side, the ACC performance was determined in terms of condensing pressure
and temperature, steam-side pressure drop, steam velocity, condensation rate, and amount

of uncondensed steam ejected out of the condenser.

a) Condensing pressure

The dependence of the condensing pressure on the ambient air temperature was achieved
for different fan speeds. As shown in Figures 8.13 (a) and (b), the condensing pressure
increased with the ambient air temperature in primary condenser units, while decreased
with the ambient air temperature in CD units. This badly affects the condensation rate in
both primary condenser and CD units as shown in Figure 8.14. Lower condensation rate
in primary condenser leads to more steam flows to the CD units as illustrated in Figure
8.15. Lower condensation rate in CD units results on lower heat transfer rate which is due
to large enthalpy of vaporization required to balance the heat energy equations. The large
enthalpy of vaporization corresponds to small pressure and temperature, thus, the
condensing pressure in the CD units decreased as the ambient air temperature increased
as shown in Figure 8.13 (b). Furthermore, the higher inlet steam flow rates were found to

cause condensing pressure reduction (O’Donovan et al., 2014).
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To maintain the condensing pressure at designed value, when the ambient air temperature
was greater than the designed, the air mass flow rate through the condenser tube bundles
should be adjusted through fan speed. Thus, Figure 8.16 (a) shows the decreasing in
condensing pressure as the fan speed increased. However, as show in Figure 8.16 (b) the
condensing pressure for the CD units was found to increase with fan speed, because the

amount of steam flow into the CD units was not constant, as in primary condenser units,
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and reduced as the fan speed increased, (Figure 8.17). The condensation rates in both

primary condenser and CD units increased with fan speed as depicted in Figure 8.18.

However, as presented in Figure 8.19, at the constant air mass flow rate, the condensing
pressure in the CD units was found to decrease as the fan speed increases, since at constant
air mass flow rate, the inlet steam flow rate was found to increase with the fan speed. This

condensing pressure reduction was more pronounced at higher steam flow rates.

In conclusion, the steam flow rate’s effects on the condensing pressure can be seen clearly
in the CD unit’s results, because the amount of steam entering the CD units at different
ambient air temperatures is not the same. This is due to different condensation rates in

primary condenser units as well as the constant steam flow into the primary condenser

units.
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Figure 8. 16: Effects of rotational fan speed on the condensing pressure at different
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b) Steam-side pressure drop

For a fixed steam mass flow rate, by increasing the fan speed the condensing pressure, as
well as the frictional pressure losses decreases as shown in Figure 8.20. This is due to the
increase of air-side heat transfer coefficient, which causes the steam/condensate
temperature and pressure to decrease. As a result, due to continuity, the steam density

reduces, which causes the inlet steam velocity to increases as presented in Figure 8.21 (a).
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However, the inlet steam velocity in CD units was found to decrease as the fan speed

increased, because of the inlet steam mass flow rate that also decreased as the fan speed

increased (Figure 8.21 (b)).
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Figure 8. 20: Effects of rotational fan speed on the frictional pressure drop at different
ambient air temperatures
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Figure 8. 21: Effects of rotational fan speed on the steam inlet velocity at different ambient
air temperatures

Furthermore, the correlation used to define the frictional pressure drop did not make use
of the condensate velocity which increased at the tube’s exit, but rather it used the steam
velocity at the exit of the tubes, which as shown in Figure 8.22 decreases as the fan speed
increases. This results in decreasing of the frictional pressure losses as the fan speed
increases. According to Kroger (2004), it is believed that vapor laminarization of the flow
during condensation tends to occur at Re, < 2300. However, this has a less effects on the
frictional pressure losses in practical ACC tubes. Additionally, it was found that frictional

pressure drop increased with ambient air temperature as illustrated in Figure 8.23.
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Figure 8. 23: Effects of ambient air temperature on the frictional pressure drop at
different rotational fan speeds

Apart from frictional pressure drop, the momentum pressure drop was found to have a
huge impact on the overall pressure drop in the tubes. As discussed early, the momentum
pressure drop has a negative sign, thus it is a pressure recovery for condensation, which
has almost the same magnitude as frictional term especial at large fan speeds. As shown,
in Figure 8.24, the combination of the two, resulted in a relatively small pressure drop.
This is more noticeable at higher fan speeds, since the sum value of the two is closer to

zero. This means the momentum recovery effect was more effective at higher fan speeds.
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Figure 8. 24: Effects of rotational fan speed on the sum of frictional and momentum
pressure drop at different ambient air temperatures

By considering all other pressure drop terms, the total pressure drop between the dividing
and combining headers is presented in Figures 8.25 and 8.26. It is clear that the pressure
drop behaves in the same manner as the condensing pressure. The total pressure drop was

found to increase with ambient air temperature; and decreased as the fan speed increased.
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Figure 8. 25: Effects of ambient air temperature on the steam-side pressure drop at
different rotational fan speeds
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Figure 8. 26: Effects of rotational fan speed on the steam-side pressure drop at different
ambient air temperatures

8.1.3.Interconnection between the ACC and steam turbine
performance characteristics

The turbine performance mainly depends on the condenser performance, which heavily
depends on the ambient air temperature. Therefore, the turbine exhaust pressure is
governed by the condensing or operating pressure of ACC. To signify this, the
interconnection between the heat transfer rate and the turbine exhaust pressure was
investigated as depicted in Figure 8.27 at both constant rotational fan speed and ambient
air temperature, respectively. For clear illustration purposes, only the cases corresponding
to 182 rpm and 36 °C were shown. It is clear that as the heat transfer rate increased, the
exhaust pressure decreased. This results in a greater pressure difference over the turbine,
which leads to a huge amount of energy being extracted from the steam, and then a large
turbine power output. Furthermore, the clear interrelationship between the exhaust

pressure and turbine power output at ambient air temperature of 36°C is presented in

Figure 8.28.
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Figure 8. 27: Interconnection between the heat transfer rate and the turbine exhaust
pressure
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Figure 8. 28: Interconnection between the turbine output power and turbine exit pressure
at constant ambient air temperature of 36 °C

In addition to that, the effect of both ambient air temperature and fan speed on the turbine
power output is illustrated in Figures 8.29 and 8.30, respectively. As discussed already,
the increase of ambient air temperature and fan speed, decreases and increases the ACC
performance (heat transfer rate), respectively. Thus, the turbine power output decreased
when the ambient air temperature increased, and increased with fan speed. However, as
stated early, increasing of fan speed resulted on higher air-side pressure drop, and as a
consequence, the fan power consumption raised. Below the optimum operating
conditions, increasing the fan speed has the effect of reducing the turbine back pressure,
and hence, increasing the turbine power by a greater magnitude than the increase in fan
power consumption. Above the optimum operating conditions, further increasing of a fan
speed continues to reduce the turbine back pressure, however, the fan power consumption
increased by greater magnitude than the corresponding increase in turbine power.
Increasing ambient air temperature results in an increase in the optimum fan speed, and
the fan speed should always be adjusted to the optimum speed. This badly affects the
turbine net power, which decreased as both ambient air temperature and fan speed

increased, as shown in Figures 8.31 and 8.32, respectively.
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Figure 8. 29: Effect of ambient air temperature on the turbine output power at different
rotational fan speeds
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Figure 8. 32: Effect of ambient air temperature on the turbine net output power at
different rotational fan speeds

For clarity purpose, only the efficiency loss due to condenser performance as defined by
Eqg. (5.66) at optimum fan speed was plotted in Figure 8.33, however, the efficiency loss
due to condenser performance behaved the same way at all the considered fan speeds. It
is clear that, the efficiency loss due to condenser performance decreased as the heat
transfer rate increased. This is similar to what Moore et al. (2014) found when they plotted
the condenser face area against the efficiency loss due to condenser performance. The
efficiency loss due to condenser performance was found to decrease as the condenser face
area increased. This is due to the fact that, increasing condenser face area increases the

heat transfer rate.
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Figure 8. 33: Interconnection between the efficiency loss due to condenser performance
and heat transfer rate at constant rotational fan speed of 182 rpm

8.2. Thermal Performance for HDWD Incorporated with
Conventional Delugeable Tube Bundle

8.2.1. Air - side Performance Characteristics

On the air- side, the HDWD incorporated with CDTB performance data were presented
in terms of the heat transfer rate, air-side pressure drop, fan power consumption, and outlet
air temperature. As the ambient air temperature increased, the air density decreased, which

results in slight decreasing of the air mass flow rate as indicated in Figure 8.34.
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Figure 8. 34: Effect of the ambient air temperature on the air mass flow rate

a) Heat transfer rate

As it is indicated in Figure 8.35, for both HDWD stages, as well as for the ACC
incorporated with HDWD, the heat transfer rate decreased as the ambient air temperature
increased. This is signified by the increasing air temperature at the exit of the tube
bundles, as well as by the large amount of steam exiting the tube bundles as depicted in
Figures 8.36 and 8.37, respectively. The increase of the outlet air temperature with inlet

air temperature, concurs with Jaafarian and Kazemian (2017) study, which reported a
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linear increase of outlet air temperature with inlet air temperature in their study of

performance analysis of a two-stage evaporative cooler.
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Figure 8. 35: Effect of the ambient air temperature on the heat transfer rate
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Figure 8. 37: Effect of the ambient air temperature on the ejected steam flow rate

b) Air-side pressure drop

Figure 8.38 shows that, as the ambient air temperature increased, the air-side pressure
drop decreased. This is due to the decreasing of the air density as its temperature increases,
which results in the dropping of static pressure. However, if the analysis was conducted
at constant air mass flow rate, air-side pressure drop was found to increase as the ambient
air temperature increases. Furthermore, the higher fan speed resulted on the higher air-
side pressure drop through first stage tube bundle. Without considering the losses through
collecting troughs and drift eliminators, air-side pressure drop through CDTB was found
to be insignificant when compared to that of first stage tube bundle. Since, the air-side
pressure drop is directly related to fan power consumption, the fan power consumption

was found to decrease as the ambient air temperature increases as depicted in Figure 8.39.

370

w
N
o
t
L 3
L 4

®

AP, [Pa]

Air-side pressure drop

20 —— —— — — 8 |
31 33 35 37 39 41 43 45
Ambient air temperature T, [°C]

—eo— 1% stage —m— (CDTB Primary

Figure 8. 38: Effect of the ambient air temperature on the air-side pressure drop
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Figure 8. 39: Effect of the ambient air temperature on the fan power

8.2.2. Steam - side Performance Characteristics

On the steam-side, the HDWD performance data were presented in terms of the inlet steam
flow rate, ejected steam flow rate, condensation rate, steam-side pressure drop, and
condensing pressure. Both primary condenser units and first stage tube bundle operate as
air-cooled condenser, therefore they are both severely affected by the raising of ambient
air temperature. As shown in Figure 8.40, as the ambient air temperature increased, the
inlet steam flow rate into the first stage tube bundle and CDTB increased. This was due
to poor performance of primary condenser units and first stage tube bundle. The effect of
the ambient air temperature is also indicated by the decreasing of condensation rate in the

tube bundles as illustrated in Figure 8.41.
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Figure 8. 40: Effect of the ambient air temperature on the inlet steam flow rate
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Figure 8. 41: Effect of the ambient air temperature on the condensation rate

Furthermore, as shown in Figure 8.42, the inlet steam velocity at the first stage tube bundle
entrance was found to increase with ambient air temperature. Due to the pressure drop in
primary condenser tubes, the steam entered the first stage tube bundle at low pressure and
temperature. This resulted in a low steam/ vapor density, which in return resulted in the
increasing of steam velocity at the first stage tube bundle entrance. Higher inlet steam
velocity led to high frictional, momentum and inlet losses. Furthermore, the higher inlet
steam flow rates were found to cause condensing pressure reduction (O’Donovan et al.,

2014). Thus, as shown in Figures 8.43 and 8.44, in the HDWD (first stage), the steam-
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side pressure drop, and condensing pressure were found to increase and decrease,
respectively as the ambient air temperature increased. However, in the primary condenser
units the condensing pressure was found to increase with ambient air temperature. This is

because the inlet mass flow rate to the primary condenser units was constant as indicated

in Figure 8.40.
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Figure 8. 42: Effect of the ambient air temperature on the steam inlet velocity
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8.2.3. Steam Turbine Performance Characteristics

As emphasized in the previous sections, the steam turbine power output is highly
depending on the ACC performance. The turbine exhaust pressure and the corresponding
total heat to be rejected by the ACC was presented in Figure 8.45. From Figure 8.45 it is
clear that, when the ACC performance is higher, less uncondensed steam will be ejected
into the atmosphere together with uncondensable gases. Hence, less heat energy escapes

with this uncondensed steam, and the turbine exit pressure is low.
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Figure 8. 45: Effect of the ambient air temperature on the turbine exhaust pressure and
ejected heat rate
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However, as the ambient air temperature increased, the ACC performance decreased, and
the amount of heat to be rejected by ACC increased, and the steam exhaust pressure

increased, which resulted in the reduction of turbine output power (Figure 8.46).
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Figure 8. 46: Effect of the ambient air temperature on the turbine output power and
exhaust pressure

By considering the fan power consumption as showed in Figure 8.39, the net generating
unit output power was computed as illustrated in Figure 8.47. As expected, it also

decreased as the ambient air temperature increased.
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Figure 8. 47: Effect of the ambient air temperature on the generating unit net output
power

8.2.4. Water Consumption

The ACC incorporated with a HDWD was found to consume water in the range of 12.6
kg/s to 19.5 kg/s, which is equivalent to evaporation rate of 4.20 kg/s to 6.45 kg/s per
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HDWD. The water consumption was found to increase with the steam temperature at the

CDTB?’s entrance as illustrated in Figure 8.48.
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Figure 8. 48: Effect of steam temperature on the water consumption
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Furthermore, as the ambient air temperature increased, the water consumption was found

to decrease as illustrated in Figure 9.49. This is due to the fact that, at constant relative

humidity of 30%, the humidity ratios of the inlet air, and that of air at exit of CDTB

increased with ambient air temperature. This resulted in decreasing of the humidity ratio

change.
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8.3. Performance Comparison of Conventional and Hybrid
Dry/ Wet Dephlegmators

As shown in Figure 8.50, at component level, as the ambient air temperature increased,
the heat transfer rate of HDWD incorporated with CDTB was found to be 2.5 to 3 times
that of CD. This results are in line with Plessis and Owen (2021) finding, which reported
heat transfer rate of HDWD’s being approximately 4.7 times greater than for CD unit, in
their comparative study in which the single-stage HDWD was incorporated into the ACC
consisted of 4 streets of 6 units. At system level, an ACC incorporated with the HDWD
provided 27 % to 31 % heat transfer rate greater than that of the ACC incorporated with
CD. These findings concur with that of Owen (2013) study, in which the heat transfer rate
of HDWD was found to be two to three times, and 15 % to 30 % greater than CD’s heat
transfer rate at the component and system levels, respectively. Owen (2013) investigated
the performance of an ACC consisting of four streets with five primary condenser units
and one dephlegmator unit equipped with or without a HDWD. However, the second stage

tube bundle consists of round tubes.
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Figure 8. 50: Comparison of CD and HDWD heat transfer rates at component and system
levels
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When the CD heat transfer rate compared to that of first stage tube bundle of HDWD, it
can be seen that the first stage tube bundle provides about 93 % of CD heat transfer rate
as shown in Figure 8.51. This means, only 7 % will be needed to be offered by CDTB
(second stage) for the heat transferred by HDWD to be equal to that of CD. This shows
that, when the HDWD, operates on dry mode, it will still provide higher heat transfer rate

than that of CD.
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Figure 8. 51: Comparison of CD and HDWD first stage tube bundle heat transfer rates
The tubes of the first stage tube bundle of HDWD are shorter than that of CD. This was

done in order to accommodate the second stage tube bundle (CDTB). The short length of
HDWOD first stage bundle tubes resulted in reduction of its frontal area, which resulted in
higher mean air velocity through the bundle. As a consequence, the air-side pressure drop
of first stage tube bundle is greater than that of CD, which also made the HDWD’s air-

side pressure drop to be higher than that of CD as depicted in Figure 8.52.

The steam turbine exit pressure increases with ambient air temperature, but at lower pace
and closer to the optimum turbine exit pressure as indicated by dashed line, Figure 8.53,
compare to that of the ACC with CD. For considered turbine, at ambient air temperature
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up to 38 °C, the ACC with HDWD leads to turbine exit pressure below the optimum than

the ACC with CD. This signifies that, the HDWD mainly needed to be operated on wet

mode when the ambient temperatures are higher.
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Figure 8. 52: Comparison of CD and HDWD air-side pressure drops at component and
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Figure 8. 53: Comparison of CD and HDWD turbine exit pressure at system level
As indicated in Figures 8.54 and 8.55, the ACC incorporated with HDWD has a

quantifiable enhancement in the steam turbine power output, as well as in the net power

output than its counterpart ACC incorporated with CD. The difference between the turbine

output powers of the two systems was found to be smaller, due to the fact that, the steam

flow rate at the turbine exit was considered constant. At lower turbine exit pressure, more
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steam extraction through the last turbine stage, which results in an increasing of last
turbine stage output power. Thus, the difference in turbine output powers between the

systems was only due to the enthalpy difference across the last turbine stage.

Furthermore, the make-up water to be added into the system to compensate the
uncondensed steam loss was less for ACC system incorporated with HDWD, which is in
the range of 1 % to 44 % compare to 28 % to 60 % for ACC system incorporated with

CD, as the ambient air temperature varies from 32 °C to 44 °C.
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Figure 8. 54: Comparison of CD and HDWD turbine power output at system level
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8.4. Microchannel Delugeable Tube Bundle Thermal
Performance

The effects of the geometric parameters on the performance of microchannel tube bundles
or heat exchangers have been extensively studied in the literatures. As presented in Figure
8.56, for the constant flat tube width, as the number of ports in one flat microchannel tube

increased, the hydraulic diameter of microchannel ports decreased.
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Figure 8. 56: Effect of number of channels in one flat microchannel tube on the hydraulic
diameter of microchannel

8.4.1.Hydrodynamic Entry Length
The hydraulic diameter effect on the dimensionless hydrodynamic entry length (Le/Dn)
was assessed for the hydraulic diameter in the range of 10 to 200 um, and corresponding
aspect ratio in the range of 0.0180 and 0.02654. In this the study, the width for the
considered microchannel tube was kept constant throughout the study. Therefore, the
aspect ratios corresponding to all the considered scenarios were found to be out of range
of aspect ratios for Galvis et al. (2012) proposed correlations. Hence, the hydrodynamic
entry length was defined using Ahmad and Hassan (2010) correlation, (Eq. (2.1)) which

was proposed and depends only on the Reynolds number.
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From Figures 8.57 and 8.58, it is clearly indicated that the effect of the hydraulic diameter
on the dimensionless hydrodynamic entry length was insignificant. This concurs with
Sahar et al. (2017) numerical results, in the dimensionless entrance length was found to
be independent of hydraulic diameter. Furthermore, Sahar et al. (2017) conclusion was in
good agreement with Ahmad and Hassan (2010) findings, which state that for Re > 10,

the effect of the hydraulic diameter on dimensionless hydrodynamic entry length was

insignificant.
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Figure 8. 57: Interconnection between the dimensionless hydrodynamic entry length and
Reynolds number for different hydraulic diameters
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8.4.2.Heat Transfer Rate
The impact of the hydraulic diameter on rate of heat transfer, from steam to the water,
then to air, was assessed through Nusselt number and condensation heat transfer
coefficient. Shah and London (1978) correlations for both friction factor and heat transfer
coefficient have been used in most of recent studies, such as Zhang et al. (2014 b); Sahar
etal. (2017); Al-Zaidi et al., (2018); Ren et al. (2020) and Hsieh et al., (2021). Therefore,

in this study, the same correlations were employed.

As shown in Figure 8.59, at constant steam flow rate, and for different hydraulic
diameters, the Nusselt number was found to slightly increase with Reynolds number. The
flow through the microchannels was found to be laminar, since the Re < 2300. The
increase in Nusselt number shows that the flow was thermally developing. Furthermore,
the hydrodynamic length was found to be smaller, compared to the tube length, and
decreased as the hydraulic diameter of the microchannel decreased, as presented in Figure

8.60. Therefore, the flow through the entire channel can be considered as fully developed.
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Figure 8. 59: Interconnection between the Nusselt number and Reynolds number for
different hydraulic diameters
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Figure 8. 60: Effect of hydraulic diameter on the hydrodynamic length as a % of tube
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The hydraulic diameter effect on Nusselt number is shown in Figure 8.61. From Figure
8.61, the Nusselt number increased with increasing of the hydraulic diameter, which may
appear as a contradiction to the heat transfer coefficient (h.), which decreased as the
hydraulic diameter increased as shown in Figure 8.62. The Nusselt number is a function
of both hydraulic diameter and heat transfer coefficient as expressed in Eg. (8.2),

therefore, Nusselt number values depend on the effect of the more dominant variable.

Nu = h.D,/k (8.2)
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Figure 8. 61: Effect of hydraulic diameter on the Nusselt number at different ambient air
temperatures
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Moreover, as it is indicated in Figures 8.63 and 8.64, it was found that at larger hydraulic
diameters, the temperature difference between the tube wall and fluid (steam) was greater
than at smaller hydraulic diameters, and as a result, heat transfer coefficient obtained at
smaller hydraulic diameters is higher compare to the one obtained at larger hydraulic
diameter. Sahar et al. (2017) also reported the similar scenario when it comes to the
relationship between the Nusselt number and the heat transfer coefficient obtained for

different hydraulic diameters.
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Figure 8. 63: Effect of Reynolds number on the temperature difference between the tube
wall and fluid (steam) for different hydraulic diameters
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Figure 8. 64: Effect of the temperature difference between the tube wall and fluid (steam)
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Furthermore, as shown in Figure 8.62, for the same steam mass flow rate, as the hydraulic
diameter decreased from 200 um to 140 um, the heat transfer coefficient increased by 32
%. This concurs with several studies results such as El Mghaira et al. (2014); Sahar et al.
(2017); and Basaran and Yurddas (2021). El Mghaira et al. (2014) investigated the steam
condensation in a horizontal square section microchannels, and for the same mass flux,
the Authors indicated a 20 % increase of the average heat transfer coefficient as the
microchannel hydraulic diameter varied from 0.250 mm to 0.110 mm. Basaran and
Yurddas (2021) reported that, by decreasing the hydraulic diameter, the heat capacity

coefficient of isobutane inside the microchannel can be increased by 12 % to 62 %.

As presented in Figures 8.65 and 8.66, the heat transfer rate decreased as the hydraulic
diameter increased, and increased as the number of the channels in one flat microchannel
tube increased. This is due the fact that, the steam flow area and velocity (Figure 8.67)
decreased and increased, respectively, as the number of microchannel in one flat tube
increased. As a result, the steam-side heat transfer coefficient increased, and subsequently,

the heat transfer rate increased. This concurs with Ling et al. (2015) findings, which
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indicate an increase in the cooling rate from 3194 W to 3209 W with the increasing of

number of microchannel in one flat tube.
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Figure 8. 65: Effect of hydraulic diameter on the heat transfer rate at different ambient air
temperatures

g 2
g - T = = —— —0
s = 16
X S
€2 14
(0]
=
& 12
[}
T 10
184 186 188 190 192 194 196 198 200
Number of channels , N,
—d#= Tgq =32°C —m— Ta =36°C —e— T,; = 40°C T = 44°C

Figure 8. 66: Effect of the number of channels in one flat tube on the heat transfer rate at
different ambient air temperatures
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Figure 8. 67: The effect of number of channels in one flat tube on the steam flow velocity at
different ambient air temperatures

8.4.3.Steam-side Frictional Pressure Drop

The impact of the hydraulic diameter on the friction factor was investigated for hydraulic
diameter range of 10 to 200 um. Aspect ratio effect on the friction factor was not
considered, and since it was reported to be insignificant, especially for the AR < 2 (Sahar
etal., 2017). All the considered cases have the aspect ratio less than 0. The friction factor
was determined using Shah and London (1978) correlation. Shah and London (1978)
correlation was found to agree with findings for many experimental and numerical studies
of single-phase flow and heat transfer including both developing and developed flows.
Sahar et al. (2017) reported that the trend and magnitude of their results were very close
to the Shah and London (1978) correlation prediction. Xing et al. (2013) indicated a good
agreement for simplified friction factor correlation with the experimental data of

mini/micro channels and Shah and London (1978) correlation.

When the friction factors obtained for different hydraulic diameters were plotted against
Reynolds number (Figure 8.68), the effect of the hydraulic diameter on the friction factor

was not clearly visible. This concurs with Sahar et al. (2017) work, which indicated
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insignificant impact of hydraulic diameter on the friction factor. However, when the
friction factor was plotted against the hydraulic diameter (Figure 8.69), it was found to

increase as the hydraulic diameter decreased.
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Figure 8. 68: Interconnection between Friction factor and Reynolds number for different
hydraulic diameters
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Figure 9. 69: Effect of hydraulic diameter on the friction factor at different ambient air
temperatures

In Figure 8.70, the steam-side pressure drop (AP;) increased as the hydraulic diameter
decreased. This is due to the fact that, as the hydraulic diameter decreased, the steam flow
velocity increased, and therefore, the steam-side pressure drop increased. Moreover, this

concurs with Ling et al. (2015); Ali et al. (2019); and Basaran and Yurddas (2021)

249



findings. Ling et al. (2015) experimentally investigated the microchannel separate heat
pipe and reported an increase of pressure drop from 0.05 to 0.7 kPa as the number of

microchannels in one flat tube increased, therefore, the hydraulic diameter decreased.
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Figure 8. 70: Effect of hydraulic diameter on the steam-side pressure drop at different
ambient air temperatures

8.4.4.Thermal performance index (TPI)

The Thermal Performance Index (TPI) was used to analyse the overall performance of the
MDTB by taking into account both thermal and hydrodynamic performances. Sahar et al.
(2017) concluded that, the performance index analysis was more reliable than friction
factor analysis, hence, the inclusion of the TPI on the thermal-hydraulic performance
analysis of the microchannel heat exchanger is crucial. In this study, the TPI was defined
in the same way, Eq. (8.3), as it was determined in the work of Hasan et al. (2012), in
which numerical investigations of the counter flow microchannel heat exchanger

performance, with a nanofluid as a cooling medium, was conducted.

n=¢e/APR (8.3)

where, € is bundle effectiveness and AP, is steam-side pressure drop, which defined as:
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AP = <f5hah Dh/Lt pVZ/z) (8.4)

As presented in Figure 8.71, the effectiveness for the MDTB at different ambient air
temperatures was found slightly decreasing with the increasing hydraulic diameter. This
agrees with Ali et al. (2019) who indicated that the effectiveness decreases with increasing

hydraulic diameter because the heat transfer area increases with size.
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Figure 8. 71: Effect of hydraulic diameter on the bundle effectiveness at different ambient
air temperatures

The TPI was found to be higher for larger hydraulic diameters as depicted in Figure 8.72.
This is due to the fact that, for larger diameter the pressure drop is low and dominating,
which results in higher TPI. This agrees with Sahar et al. (2017); and Ali et al. (2019)
findings. Ali et al. (2019) reported a higher performance factor (a ratio of heat transfer
rate to pumping power) for larger hydraulic diameters, due to higher pumping power in

comparison with increasing in convective heat transfer.
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Figure 8. 72: Effect of hydraulic diameter on the Thermal Performance Index at different
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8.5. Performance Comparison of CDTB and MDTB
8.5.1. Heat Transfer Rate

Since the MDTB on steam-side was divided into several microchannels, and the tube wall
thickness between the channels was kept constant and equal to the tube wall thickness, the
steam flow area reduces around 23 times compare to that of CDTB. The amount of steam
flow through both bundles were kept constant, to ensure that same amount of steam was
available for condensation in both bundles. Since the heat transfer from the channels were
assumed to be transferred in all directions, as shown in Figure 8.73, surface heat transfer
area on steam-side per channel, tube, bundle and for nine (9) bundles, respectively were

expressed as:

Age = Byl

(8.5)
Ast = PpcNpcLy (8 6)
Asp = BneNpehir Lt 8.7)
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Agt = PpcNppeernpLe (8 8)

Hence, in MDTB, the steam is in contact with larger surface heat transfer area compare to

CDTB.

Figure 8. 73: Orientation of the heat transfer in the microchannels
The condensation heat transfer coefficient in MDTB is higher with 29 % to 19 % than that

of CDTB, and it was found to decrease as the ambient air temperature increased from 32
°C to 44 °C as depicted in Figure 8.74. The high condensation heat transfer coefficient was
due to small hydraulic diameter of the microchannels. This concurs with Pawar et al.
(2017) as well as Abdel-Baky et al. (2020) findings, who conducted a comparison
performance study of dry conventional/finned tube and microchannel condensers, for

vapour compression refrigeration system and air-conditioning applications, respectively.

However, the condensation heat transfer coefficient in CDTB was found to increase with
ambient air temperature, because, it was defined using Dobson and Chato (1998)
correlation, Eq. (8.9) for the flow on the flat vertical plate. Whereas, in MDTB, the
condensation heat transfer coefficient was computed using Shah and London (1978), Eq.

(2.12).
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. .25
pc(pc - pv)kglfgr ’ (8 9)

h, = 0.943
¢ l /Jc(Tv - Twi)

Dobson and Chato (1998) correlation is a function of temperature difference between
steam and inside tube wall temperature, which was found to decrease as ambient air
temperature increased as illustrated in Figure 8.75. Moreover, the temperature difference
between steam and inside tube wall in MDTB was found to be 71 % to 68 % less than that

in CDTB as the ambient air temperature increased from 32 °C to 44 °C.
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Figure 8. 74: Effect of the ambient air temperature on the heat transfer coefficient

s 08 —
Q iy
9 5 = 07
§ & & 06
£ E= o5
'58(:6._.
g5 3o 04
3 C —
T I
B T ——
2 I
= £ 0
31 33 35 37 39 41 43 45

Ambient air temperature T,;, [°C]

—x— MDTB —+— CDIB

Figure 8. 75: Effect of the ambient air temperature on temperature difference between
steam and inside tube wall

254



Although, the heat transfer coefficient in MDTB is higher, its heat transfer rate was only
found to be 2.2 % to 0.44 % higher than that of CDTB, as the ambient air temperature
increased from 32 °C to 44 °C. This smaller performance difference was a result of lower
temperature difference between steam and inside tube wall in MDTB, since heat transfer
rate was defined by Eq. (8.10). Moreover, from Figure 8.76, it is evident that, as the

ambient air temperature increased from 32 °C to 44 °C, the performance of both bundles

decreased.
Q = hcAsT(Tv - Twi) (8 10)
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Figure 8. 76: Effect of the ambient air temperature on the heat transfer rate of tube
bundles

Since the total heat transfer rate for HDWD incorporated with either CDTB or MDTB
were sum of first and second stage, the performance of HDWD (MDTB) was found to be
higher with the same percentage (%), as that of MDTB performance when it was compared

to CDTB performance. While, on a system level, an ACC incorporated with the HDWD
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(CDTB or MDTB) attained 27 % to 31 % heat transfer rate greater than that of ACC

incorporated with CD.

8.5.2. Air-side Pressure Drop

The air-side flows for both tube bundles were treated as a flow over the flat tube, and both
local and average friction coefficients were determined by the formulas, presented in
Yunus and Afshin (2011). As indicated in Figure 8.77 (a), at bundle level, the air-side
pressure drop was found to increase with ambient air temperature, and the variations in
air-side pressure drop for the two tube bundles were insignificant. However, with a closer
look, the air-side pressure drop for CDTB was less than that of MDTB. This was as a
result of a slightly higher outlet air temperature at the exit of MDTB than at CDTB exit.
A higher outlet air temperature led to a higher air mean temperature in the bundle, which
consequently, resulted in a lower air mean density, and in turns in a slightly increased the

air mean velocity.

At component and system level, Figure 8.77 (b, c), the air-side pressure drop comprises
of pressure drop in first and second stages, and HDWD and primary condenser units. In
first stage and primary condenser units, it was found that, as the ambient air temperature
increased, the air-side pressure drop decreased. This was due to the decrease of the air
density as its temperature increases, which was sequential resulted in air mass flow rate
and fan static pressure dropping. However, if the study was conducted at constant air mass
flow rate, air-side pressure drop was found to increase as the ambient air temperature
increased. Hence, due to mentioned reasons, the air-side pressure drop at component level

was found to increase as the ambient air temperature increased from 32 °C to 36 °C, and
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beyond that, it started to decrease as the ambient air temperature increased. While at

system level, it was found to decrease as the ambient air temperature increases.
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Figure 8. 77: Effect of the ambient air temperature on the air-side pressure drop
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8.5.3. Steam-side Frictional Pressure Drop

The steam-side pressure changes mainly due to the effects of the friction, momentum and
gravitation force through the bundle tubes. The tubes, in the considered bundles, were
arranged horizontal. Therefore, only the frictional effect was taken into account as a main

contributor to the steam-side pressure changes in the bundles.

As shown in Figure 8.78 (a), the frictional steam-side pressure drop was found to be higher
in MDTB than in CDTB, and increased with ambient air temperature. This was due to the
fact that, the hydraulic diameter for the tube’s channels in MDTB was about 56 times
smaller than that of CDTB tubes, hence its frictional steam-side pressure drop was
significantly higher. Furthermore, the steam entering both bundles from first stage
increased with ambient air temperature, and the steam velocity at the bundles entrance
tends to increase, which leads to higher friction factor, and sequentially to greater
frictional steam-pressure drop. The higher frictional steam-pressure drop at bundle level
has a significant effect on the steam-pressure drop at both component and system level as

indicated in Figure 8.78 (b).
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8.5.4. Condensing Pressure
The condensation rate depends primarily on the vapor pressure. Therefore, higher
concentration of water vapor in the tubes, results in an increasing vapor pressure. The rate

at which the heat is released when condensing steam can be expressed as:

Q = meifg (8. 11)

If the ambient air temperature of 32 °C is taken as a baseline, Figure 8.79 shows that, as
the ambient air temperature increased from 32 °C to 44 °C, the rate of condensation and
heat transfer decreased by 0 to 43.35 %. As a consequence, the steam pressure reduced by
0 to 9.85 % and the corresponding enthalpy of condensation increased by 0 to 0.23 %.
Furthermore, the increasing of the enthalpy of condensation was due to the fact that the
reduction of rate of condensation was slightly dominant compare to the decreased heat
transfer rate. Moreover, as depicted in Figure 8.80, the condensing pressure of the systems

incorporated with HDWD (CDTB or MDTB) were found to be closer to each other, and
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lower, when were compared to that of the system incorporated with CD. For both systems,
the condensing pressure increased with the ambient temperature as it increased from 32

°C to 36 °C, and beyond 36 °C, it started to decrease as the ambient temperature increased.
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Figure 8. 79: The percentage changes of the rate of condensation, heat released, steam
pressure and the corresponding enthalpy of condensation with ambient air temperature.
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Figure 8. 80: Effect of the ambient air temperature on the condensing pressure

8.5.5. ACC Exit Pressure

The condenser creates a vacuum which extracts more steam from low pressure turbine
exhaust, and thus create a suction natural phenomenon. For easier steam flow and more
extraction of work from the steam in the turbine, a vacuum in the ACC is maintained. This
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means, the condenser should condense the steam to the temperature below the atmospheric
pressure (Singh et al., 2014). For the considered generating unit, the ACC vacuum
pressure is in the range of 3 to 6 Inch Mercury (0.102 to 0.2032 bar). Beyond this vacuum
pressure range (lower vacuum), the temperature and pressure at the turbine exit increase,
and the turbine may vibrate, this may lead to the trips-off of the generating unit, and
therefore, the running-up of unit could restart from the beginning. The unit running-up is
an intensive fuel consumption process, hence operation cost increases. Lower vacuum
pressure may be caused by high ACC load and ambient temperature. Therefore, it is
advisably and beneficial to operate the condenser at the highest vacuum pressure (lowest
pressure). However, too high vacuum pressure can lead to the higher leakage of the
atmospheric gas (non-condensable gases) in the condenser. The non-condensable gases
occur in the heat transfer area inside the tubes, which leads to the reduction of the heat
transfer rate. Furthermore, high vacuum pressure may account for the vacuum level
prevailing at turbine outlet, which can lead to plant output reduction (Donovan et al.,

2012).

Figure 8.81 shows that, all the considered systems, achieved high vacuum pressure, which
as expected decreased as the ambient air temperature increased. However, the highest
vacuum pressure was attained in the system incorporated with MDTB. This signified
smaller pressure at the exit of systems incorporated with MDTB than that of the system

incorporated with CDTB.
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Figure 8. 81: Effect of the ambient air temperature on on ACC exit pressure

8.5.6. Steam Turbine Performance Characteristics

The steam turbine power output depends on ACC performance, since the ACC maintains
the turbine exit pressure constant at optimum pressure or at lower pressure than designed.
However, ACC performance is adversely affected by high ambient air temperature. The
steam turbine exit pressure increased as the ambient air temperature increased (Figure
8.82). The increasing of the steam turbine exit pressure decreased the pressure difference
across the last turbine stage, and as results, the enthalpy difference across the last turbine
stage (Figure 8.83) reduced too. Hence, the turbine power output decreased (Figure 8.84).
For the considered generating unit, the optimum turbine exit pressure was 19.62 kPa.

Therefore, the ACC should maintain the turbine exit pressure at this value or lower.
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As depicted in Figure 8.82, for all systems, the steam turbine exit pressure increased with
ambient air temperature. However, for systems with ACC incorporated with HDWD, the
steam turbine exit pressure increased at lower pace and closer to the optimum turbine exit
pressure as indicated by dashed line in Figure 8.82, when it is compared with the system

that had ACC incorporated with CD.

At ambient temperatures up to 36 °C, the systems with ACC incorporated with HDWD
maintained the turbine exit pressure below the optimum. While the systems, with ACC
incorporated with CD, maintained the turbine exit pressure at the optimum, only when the
ambient temperature was equal to the design operating value (32.2 °C). Above this value,
the turbine exit pressure was beyond the optimum value. It can be seen that, the turbine
exit pressure for the system, when MDTB was incorporated into HDWD, was lower and

closer to the optimum value.

Similarly, as shown in Figure 8.85, for turbine output power at ambient temperatures up
to 36 °C, the systems with ACC incorporated with HDWD allows the turbine to produce
output power which is greater than the maximum. As the ambient air temperature
increased from 36 °C to 44 °C, the turbine output power for the systems incorporated with
CDTB and MDTB reduced by 0.013 % to 0.11 % and 0.043 % to 0.089 %, respectively.
When the systems with ACC incorporated with CD was considered, the turbine output
power reduced by 0.15 % to 0.45 %. The turbine net power, is shown in Figure 8.86, and
the changes in net power for all the systems have same trends as those of turbine output

power shown in Figure 8.85.
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Chapter 9: Statistical Analysis of Performance Data

The thermal performance data of CDTB and MDTB at both bundle, component, and
system levels were subjected to statistical analysis to test the hypotheses, as well as to
signify the differences in thermal performances of the two bundles at a significance level
of 0.05. Since, the two samples were considered and compared, the two-sample, two
tailed, paired T-Test for means was employed for statistical analysis. The compared data
were obtained from two different bundles, therefore, the two-sample T-test was used.
Furthermore, both one and two — tailed T-test were considered, since it is required to know
whether the performance of the two bundles differ (two-tailed), as well as whether, the
MDTB performs better than CDTB (one-tailed). Moreover, since the thermal performance

data were obtained at certain air temperatures, the paired T-test was taken into account.

The T-test was carried out in Excel. The p-values were used to define whether the results
of hypothesis test are statistically significant. The difference between the means is
statistically significant if the p-value is smaller than level of significance (0.05).
Therefore, when the obtained p-value is smaller than 0.05 (level of significance), the null
hypothesis of the thermal performance was rejected. Since, the Two-tailed tests that can
distinguish differences in either direction was considered, the results of the p-values for

the two-tailed form (P(T<=t)) of the t-test were used.
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9.1. Atbundle level
The heat transfer rates of CDTB and MDTB, as depicted in Tables 6.4 and 7.5

respectively, were subjected to a T-test analysis, and the results are shown in Table 9.1.

Table 9. 1: T-Test: Performance data of CDTB and MDTB at bundle level

Bundle CDTB MDTB
Mean 15.22 15.48
Variance 9.28 10.25
Observations 4 4
Pearson Correlation 0.999
Hypothesized Mean Difference 0

df 3

t Stat -3.43
P(T<=t) one-tail 0.021

t Critical one-tail 2.35
P(T<=t) two-tail 0.042

t Critical two-tail 3.18

SD 3.05 3.20

The difference in heat transfer rates of CDTB (Mean = 15.22; SD = 3.05) and MDTB
(Mean = 15.48; SD = 3.12) was significant (t (3) =-3.43; p = 0.042). The obtained p-value
was smaller than 0.05 level of significance, therefore, the null hypothesis (Ho2) of the
thermal performance (heat transfer rate) of MDTB being not higher than that of CDTB at

bundle level was rejected.

9.2. At component level
The heat transfer rates of HDWD incorporated with CDTB and MDTB, as depicted in

Tables 6.5 and 7.6 respectively, were subjected to a T-test analysis. Furthermore, CD heat
transfer rate (Table 5.6) was compared to that of HDWD incorporated with CDTB. The

results of tests are presented in Tables 9.2 and 9.3.
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Table 9. 2: T-Test: Performance data of CDTB and MDTB at component level

Component HDWD (CDTB) HDWD (MDTB)
Mean 22.87 23.13
Variance 32.25 34.02
Observations 4.00 4.00
Pearson Correlation 1.00
Hypothesized Mean Difference 0.00

df 3.00

t Stat -3.43

P(T<=t) one-tail 0.02

t Critical one-tail 2.35

P(T<=t) two-tail 0.04

t Critical two-tail 3.18

SD 5.68 5.83

The difference in heat transfer rates of HDWD (CDTB) (Mean = 22.87; SD = 5.68) and

HDWD (MDTB) (Mean = 23.13; SD = 5.83) was significant (t (3) = -3.43; p = 0.004).

The obtained p-value was smaller than 0.05 level of significance, therefore, the null

hypothesis (Ho2) of the thermal performance (heat transfer rate) of MDTB being not higher

than that of CDTB at component level was rejected.

Table 9. 3: T-Test: Performance data of HDWD (CDTB) and CD at component level

Component HDWD (CDTB) CD
Mean 22.87 8.35
Variance 32.25 6.78
Observations 4.00 4.00
Pearson Correlation 0.98
Hypothesized Mean Difference 0.00

df 3.00

t Stat 9.11

P(T<=t) one-tail 0.0014

t Critical one-tail 2.35

P(T<=t) two-tail 0.0028

t Critical two-tail 3.18

SD 5.68 2.60
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The difference in heat transfer rates of HDWD (CDTB) (Mean = 22.87; SD = 5.68) and
CD (Mean = 8.35; SD = 2.60) was significant (t (3) = 9.11; p = 0.0028). The obtained p-
value was smaller than 0.05 level of significance, therefore, the null hypothesis (Hoz) of
the thermal performance (heat transfer rate) of HDWD being not higher than that of CD

at component level was rejected.

9.3. Atsystem level
The heat transfer rates of ACC incorporated with HDWD (CDTB) and HDWD (MDTB),

as depicted in Tables 6.6 and 7.7 respectively, were subjected to a T-test analysis.
Furthermore, the ACC incorporated with CD heat transfer rate (Table 5.8) was compared
to that of ACC incorporated with HDWD (CDTB). The results of tests are presented in

Tables 9.4 and 9.5.

Table 9. 4: T-Test: Performance data of CDTB and MDTB at system level

System ACC-HDWD (CDTB) ACC-HDWD (MDTB)
Mean 49.90 50.17
Variance 137.54 141.13
Observations 4.00 4.00
Pearson Correlation 1.00

Hypothesized Mean Difference 0.00

df 3.00

t Stat -3.43

P(T<=t) one-tail 0.02

t Critical one-tail 2.35

P(T<=t) two-tail 0.04

t Critical two-tail 3.18

SD 11.73 11.88

The difference in heat transfer rates of ACC incorporated with HDWD (CDTB) (Mean =
49.90; SD = 11.73) and ACC incorporated with HDWD (MDTB) (Mean = 50.17; SD =

11.88) was significant (t (3) = -3.43; p = 0.04). The obtained p-value was smaller than
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0.05 level of significance, therefore, the null hypothesis (Ho2) of the thermal performance
(heat transfer rate) of ACC incorporated with HDWD (MDTB) being not higher than that

of ACC incorporated with HDWD (CDTB) at system level was rejected.

Table 9. 5: T-Test: Performance data of HDWD-CDTB and CD at System level

System ACC-HDWD (CDTB) ACC-CD
Mean 49.90 35.39
Variance 137.54 75.48
Observations 4.00 4.00
Pearson Correlation 1.00
Hypothesized Mean Difference 0.00

df 3.00

t Stat 9.11

P(T<=t) one-tail 0.001

t Critical one-tail 2.35

P(T<=t) two-tail 0.003

t Critical two-tail 3.18

SD 11.73 8.69

The difference in heat transfer rates of ACC incorporated with HDWD (CDTB) (Mean =
49.90; SD = 11.73) and ACC incorporated with CD (Mean = 35.39; SD = 8.69) was
significant (t (3) = 9.11; p = 0.003). The obtained p-value was smaller than 0.05 level of
significance, therefore, the null hypothesis (Hoz) of the thermal performance (heat transfer
rate) of ACC incorporated with HDWD (CDTB) being not higher than that of ACC

incorporated with CD at system level was rejected.
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Chapter 10: Conclusions and Recommendations

In this study the models for CDTB, CD, MDTB thermal performance analysis were
developed and validated. The thermal performance of an induced draft HDWD
incorporated with CDTB into its second stage was compared to that of CD at both
component and system levels. Furthermore, the CDTB thermal performance was

compared to that of MDTB at bundle, component and system levels.

10.1. CDTB Models Development

The one-dimensional (1D) analytical and two-dimensional (2D) numerical models that
were employed to analyse the thermal performance of the CDTB were developed. For
both 1D and 2D models, the governing equations were derived by applying the mass and
energy balance to the control volumes taken around the bundle’s tubes. The 1D analytical
model was developed and solved based on Poppe, Merkel as well as heat and mass transfer
analogy methods of analysis, while 2D numerical model was developed and solved based

on heat and mass transfer analogy method of analysis.

By comparing the Merkel solutions to Poppe solutions, the outlet air temperature and
humidity ratio were found to be 0.24 % and 1.22 % higher and lower, respectively. While
by comparing the heat and mass transfer analogy solutions to Poppe solutions, the outlet
air temperature and humidity ratio were found to be 0.06 % and 3.2 % lower, respectively.
Due to the fact that Merkel method assumes saturated air output, the outlet air humidity

ratio supposed to be higher than that of Poppe method, however, this is not a case in this
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study. By comparing the Merkel and heat and mass transfer analogy solutions to Poppe
solutions, 2.94 % and 8.99 % differences in heat transfer rate were achieved, respectively.
This is due to the fact that, the deluge water evaporation rate is believed to be higher when
Lewis factor is smaller, which results in higher latent heat transfer. The Lewis factor for
Poppe method was found to be less than a unity, while the Merkel method assumes that
the Lewis factor is equal to one. Hence, the slight inconsistencies between solutions were

mainly due to the assumptions made in Merkel model.

The heat transfer rate and air-side pressure drop obtained from one-dimensional model
were found to be 4.83 % and 1 % higher than that obtained from two-dimensional model.
The differences between one- and two-dimensional solutions were primarily due to the
variation of air and water properties in two-dimensional model. Hence, with these slight
differences it can be concluded that, the two-dimensional model is valid for the analysis
of the thermal performance of a CDTB. Furthermore, it was concluded that, using either
model, did not affect the thermal performance of a CDTB that much. Furthermore, by
comparing the current model results to that of Angula (2015), slight differences were
found. Therefore, it can be also concluded that, considering the tube round-ends to be as

flat ends, does not has much impact the thermal performance of the tube bundle.

10.2.  Optimization and geometric parameter’s
adjustment

The best configuration for the HDWD second stages tube bundle (CDTB), as well as the

overall size of HDWD that can replace the CD in an existing ACC system of the local
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considered generating unit were identified through design optimization and geometric
parameters adjustment, using the validated 2D model. As the tube pitch varied from 25
mm to 38 mm, the TPl of CDTB decreased by 19 %. Furthermore, at smaller tube pitches
(e.g. 25 mm), both heat transfer and air-side pressure drop were found to be around 1.4

times that of DRTB.

As the CDTB ‘1’ width changed from 2870 mm to 2320 mm, the heat transfer rate and
air-side pressure drop decreased and increased by 15 % and 20 %, respectively. While, as
the CDTB 2’ length changed from 2500 mm to 3178 mm, the heat transfer rate and air-
side pressure drop increased and decreased by 21 % and 13 %, respectively. Moreover, as
the CDTB 3’ steam flow area reduced from 0.368 m? to 0.142 m?, the heat transfer rate
and air-side pressure drop increased and decreased by 0.3 % and 11 %, respectively.
However, the outside tube width decreased with steam flow area, which may lead to

manufacturing complications. Hence the final tube height was adjusted to 300 mm.

10.3. HDWD incorporated with CDTB thermal
performance

The HDWD thermal performance, at component and system level, was evaluated. As the
ambient air temperature increased from 32,2 °C to 44 °C, the heat transfer rate for HDWD
1% stage tube bundle, CDTB and ACC system incorporated with HDWD decreased by 59
%, 38 % and 43 %, respectively. While, the air-side pressure drop and fan power both
were found to decrease as the ambient air temperature increased, however, this was due

to the fact that, the analysis was not conducted at constant air mass flow rate, at which the
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opposite results were obtained. The steam-side pressure drop of HDWD and ACC system
incorporated with HDWD were found to increase by 78 % and 75 %, respectively as the
ambient air temperature increased from 32,2 °C to 44 °C. The HDWD and ACC system
incorporated with HDWD condensing pressures were found to decrease as the ambient air
temperature increased. This is because the inlet mass flow rate to HDWD was not
constant, but rather increasing with ambient air temperature. The turbine exhaust pressure
for the considered generating unit, increased by 5.5 % as the ambient air temperature
increased from 32,2 °C to 44 °C. This resulted in reduction of the pressured difference

across the turbine, and therefore leads to the reduction of turbine output power.

10.4. CD thermal performance

The CD unit’s performance was outlined through the thermal performance evaluation of
ACC system, which was achieved by modelling it’s the cold-end system. It was found that
the model accurate predicts the ACC and steam turbine end-stage performance.
Furthermore, through sensitivity analysis, the ACC performance was found to be badly
affected as the ambient air temperature increases beyond the design value. This can be
corrected or offset by increasing the fan speed, however increasing the fan speed leads to

higher fan power consumption which reduces the net power output of the generating unit.

The heat transfer rate of the CD was found to decrease by around 37 % as the ambient air
temperature varied from 32,2 °C to 40 °C, and as a result the outlet air temperature
increased. Furthermore, both air-side pressure drop and fan power were found to increase

with both ambient air temperature and fan speed. The total steam-side pressure drop was
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found to increase with ambient air temperature; and decreased as the fan speed increased.
The turbine output power was found to decrease as the ambient air temperature increased,
and increase as the fan speed increased. However, the net turbine output power was found

to decrease as the ambient air temperature increased.

10.5. CD and HDWD Thermal Performance Comparison.

The CD performance data which were obtained at different ambient air temperatures when
the CD was operating at design conditions were compared to that of HDWD incorporated
with CDTB. The performances data comparison was performed at both component and
system levels. At component level, as the ambient air temperature increased, the heat
transfer rate of HDWD incorporated with CDTB was found to be 2.5 to 3 times that of
CD. At system level, an ACC incorporated with the HDWD provided 27 % to 31 % heat
transfer rate greater than that of the ACC incorporated with CD. At ambient temperatures
up to 36 °C, the system with ACC incorporated with HDWD maintained the turbine exit
pressure below the optimum. While the system, with ACC incorporated with CD,
maintained the turbine exit pressure at the optimum, only when the ambient temperature

was equal to the design operating value (32.2 °C).

10.6. MDTB thermal performance

The thermal performance of the MDTB was analysed. This was achieved by employing

the semi-empirical model which make use of existing correlation of Shah and London
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(1978) to define friction factor and heat transfer. Furthermore, the model was validated
against the experimental data of Doan et al, (2020). Both steam-side pressure and heat
transfer rate were found to increase as the hydraulic diameter decreased by 95 % and 1.5
%, respectively. It was also essential to determine the TPI in order assess the overall

performance of the MDTB. The TPI was found to increase with the hydraulic diameter.

10.7. MDTB and CDTB Thermal Performance
Comparison

The thermal performance comparison of the CDTB and MDTB at bundle, component and
system levels was carried out. The condensation heat transfer coefficient in MDTB was
found to be higher with 29 % to 19 % than that of CDTB, and it was found to decrease as
the ambient air temperature increased. Although, the heat transfer coefficient in MDTB is
higher, its heat transfer rate was only found to be 2.2 % to 0.44 % higher than that of
CDTB, as the ambient air temperature increased from 32 °C to 44 °C. This smaller
performance difference was a result of lower temperature difference between steam and
inside tube wall in MDTB, since heat transfer rate. The frictional steam-side pressure drop
was found to be higher in MDTB than in CDTB, and increased with ambient air
temperature. As the ambient air temperature increased from 36 °C to 44 °C, the turbine
output power for the systems incorporated with CDTB and MDTB reduced by 0.013 % to

0.11 % and 0.043 % to 0.089 %, respectively.
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10.8.  Statistical analysis on the tube bundles performance
data

The hypotheses of the study were tested using a T-test statistical tool. For all the
performance data considered and compared, the computed p-values were found to be

smaller than the level of significance of 0.05. Hence, all the null hypotheses were rejected.

10.9. Recommendation for future work
Future works that can be conducted as an extension of this study are:

1. Computational Fluid Dynamics (CFD) simulation of CD, CDTB and MDTB thermal
performances.

2. The consideration of scale effects such as surface roughness, surface tension gradients,
axial conduction, slip condition, viscous dissipation on the MDTB performance
evaluation.

3. The equipment selection and economic analysis of HDWD.
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B. Condensation Heat Transfer Coefficient
The correlations for determining the condensation heat transfer coefficient on a vertical

flat plate and horizontal tube, respectively as presented in (Krdger, 2004) are:

R B.1)
_ ch(pc—l)s)lfg k? 0.25 (
hc,vert =0.943 [ uc(Te—Ty)H ]
. * . B-2)
_ pcg(pc—PS)lfg k? 0.25 (
henor = 0.729 | oLl |
where ir," is modified latent heat of vaporization, which determined as:
(B.3)

ifg* = lfg + 0'68CpC(TC - TW)
For the heat transfer coefficient of turbulent flow in the duct, Gnielinski (1976) correlation

can be used.

(fp/8)(Re—1000)Pr (B.4)
T 1+12.7(fp/8)05(Pr2/3-1)

which valid for 3000 < Re < 5 x 10°%, 0.5 < Pr < 2000. Petukhov (1970) correlation

can be used to determine the friction factor in turbulent flow in smooth tubes:

fo = (0.79 InRe — 1.64) 2 (B.5)

which valid for 3000 < Re < 5 x 10°

C. Deluge Water Heat Transfer Coefficients

The film heat transfer coefficient correlation as a function of the air mass velocity, deluge

water mass velocity and deluge water temperature were developed in Heyns (2008) as:
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hW — 4700(916‘,?,3571‘23 (C 1)

which valid for:
0.7 < G, <3.6 kg/m?s, 1.8 <G, < 4.7 kg/m?s and 35°C < T,, < 53°C

The correlations for determining the heat transfer coefficient between the tubes and deluge

water, as recommended Parker and Treybal (1961), Niitsu et al. (1969) and Mizushina et

al (1967):
h,, = 704(1.3936 + 0.02214T,,,,,) (T}, /d,) %333 (C.2)
h,, = 990(T,,,/d,)%*® (C.3)
h, = 2102(T,,/d,)°333 (C.4)

Due to limited correlations for the deluged flat tube bundle, the heat transfer coefficient
between the flat tubes and deluge water was determined from the relation between the

heat convection and conduction through the deluge water film as:

Kaw (C.5)

D. Air-side Heat and Mass Transfer Coefficients

D.1. Flow over the round tube

The average Nusselt number, for the flow over the cylinder was defined as (Yunus &

Afshin, 2011):
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4/5
h

5
aD 0.62ReSprt/3 Re s
Nuey, =5, =03+ 211/ [1 + (282000) l (D. 1)
1+(0.4/Pr)3

which is valid for Re, Pr > 0.2

D.2. Flow over the flat tube

The local Nusselt number at any location z, along the tube height was determined using

theories, as presented in (Yunus & Afshin, 2011):

Nu, =% = 0.332Re,"*Pr/? (D. 2)
Nu, =22 = 0.0296Re,**Pr'/? (D. 3)

a

where Eq. (D.2) is valid for Re, <5x 10% Pr > 0.6, and Eq. (D.3) is valid for
5x 10° < Re, < 107, 0.6 < Pr < 60. The average Nusselt number for the flow over

the entire tube’s height:

— haHt

Nu = 0.664Rey,*°Prl/3 (D. 4)

a

_ hgH;

Nu = 0.037Rey, > °Prt/3 (D. 5)

a

where Eq. (D.4) is valid for Rey <5 X 10°,Pr > 0.6, and Eq. (D.5) is valid for
5x10° < Rey, < 107, 0.6 < Pr < 60. The mass transfer convection coefficient is

determined from the analogy between heat and mass transfer at the air-water interface.

The local Sherwood number at any location z, along the tube height:
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Sh, = 2% = 0.332Re,*5Sc1/3 (D. 6)

Das

Sh, = 2% = 0.0296Re,"*Sc*/? (D.7)

AB

where Eq. (D.6) is valid for Re, <5 x 10% Sc > 0.5, and Eq. (D.7) is valid for
5 X 10° < Re, < 107, 0.5 < Sc < 60. The average Sherwood number for the flow over

the entire tube’s height:

__ hpHy 0.5
Sh = ﬁ = 0.664Rey, °Sc'/3 (D. 8)
Sh =12t — 0.037Re,, *5Sc1/3 (D. 9)
DAB . Ht .

where Eq. (D.8) is valid for Rey, <5 X 10°,Sc > 0.5, and Eq. (D.9) is valid for
5x10° < Rey, <107, 0.5 < Sc < 60. Marrero and Mason (1972) recommended the

following correlation for defining the mass diffusion of water vapour:

2.072
TdWS+Tam

Dipso = 1.87 x 1010 L2273 (D. 10)
Pq

E. Mass Transfer Coefficients

The correlations for determining the mass transfer coefficients between the deluge water

and air stream in the literatures for round tube bundles:

hg = 0.04935[(1 + w)(m,/A)]*%® (E. 1)

which valid for 0.68 kg/m?s < (mg/A;) <5 kg/m?s
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hg = 5.5439 x 10"8Re2) ReSi>d;1° (E. 2)
which valid for 1.2 x 10® < Reg,, < 1.4 x 10*
hy = 0.076(m,/A.)"8 (E. 3)

which valid for 1.5 kg/m?s < (m,/A.) <5 kg/m?s

The air-mass transfer coefficient as a function of the air mass velocity, deluge water mass

velocity and deluge water temperature was derived by Heyns (2008):

which valid for 0.7 < G, < 3.6 kg/m?s, 1.8 < G,, < 4.7 kg/m?s

F. Pressure Drop Correlations

F.1. Air-side pressure drop for the flow over the round tube

The correlation for determining the pressure drop over the tube bundle that was developed
by (Heyns, 2008) as a function of the air mass velocity, deluge water mass velocity and

deluge water temperature:
— 1.8,-0.22
AP = 10.28G}G) F.1)

which valid for 0.7 < G, < 3.6 kg/m?s, 1.8 < G,, < 4.7 kg/m?s
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F.2. Air-side pressure drop for the flow over the flat tube

For the flow over the flat tube, both local and average friction coefficients were
determined using correlations, as presented in (Yunus and Afshin, 2011). The local

friction coefficients at any location z, along the tube’s height:

Cr, = 0.664Re; " €2

where Eq. (F.2) is valid for Re, < 5 x 10°, and Eq. (F.3) is valid for 5 x 10° < Re, <

107. The average friction coefficient for the flow over the entire tube’s height:

— -0.5
C; = 1.33Rej! E 8

— —0.2
C; = 0.074Rej (£.5)

where Eq. (F.4) is valid for Rey;, < 5 x 10°, and Eq. (F.5) is valid for 5 x 10° < Rey, <

107. The frictional pressure drop for external and internal flow can be expressed as:

8P =y (%) po (F.6)
8Py = fy (35) pa 222 F.7)
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